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1.0     INTRODUCTION 

The report covers the prelimmai j design of a 'Low Volumetric Flow Tur- 
bine Design"    The turbine concept is based on a reaction design using close 
clearance gas bearing type seals to control leakage past the rotor blade passages. 
The turbine concept is an outgrowth of the turbine described in DDC Report. 
AD831635L, titled ' Low Volumetric Flow Turbine Performance Prediction and 
Analysis",  dated March 1968. 

A preliminary design analysis of a turbine unit that is to be used for vest 
evaluation of the performance potential of the controlled leakage seals and 
aerodynamic passages was conducted and is covered by this report.    The pre- 
liminary design effort included the following analyses and design: 

1     Aer o-thermodynamic analysis of the flow passages con- 
cerned with the energy transfer from working fluid to rotor, 

2. Thermal analysis of rotor, housings, and seals in order to 
determine temperature levels and gradients. 

3. Dynamic analysis of seals, rotors, and blades in order to 
del er mine stability of rotor system. 

4. Mechanical design of rotor   bearings,  seals, and system 
to insure proper stress loading of components. 

A preliminary layout drawing of «he turbine unit was completed and 
included in this report 

Following approval of the preliminary design by the government Project 
Engineer,  the final design will proceed. 

2 0     DESCRIPTION 

The turbine concept covered by this report is a special design that was 
conceived by personnel at the U.S. Army Engineers Reactor Group. Research 
and Technology Department.  Fort Belvoir,  Virginia.   The purpose of the concept 
is to improve the performance of turbines that operate in the low volumetric 
flow regime    A significant lactor that must be considered in turbine efficiency 
is 'he leakage or bypass flow that does not pass through the rotor Dlades and 
then lore cannot contribute to useful output power.   When low volumetric 
How machines are considered, the conventional approach is to design impulse 
machines which reduce the bypass leakage because there is essentially no 
pressui e drop across the rotor.    Impulse machines, however, have consider- 
able kim He energy losses as the fluid enters the rotor because the relative 
veloi I'II s jit' high.   Also,  where low volumetric flow is considered, then 
the ci<   ign may ; equire partial admission to the rotor or a low blade height, 
eithei oi which results in lowering the efficiency.    If highly efficient sealing 
techniques were employed m the low volumetric flow turbine to control 
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bypass flow then reaction could be designed into the rotor which results in low 
rotor relative approach velocities and high rotor efficiency which helps to 
maintain high overall turbine performance.    Another area where the conti oiled 
leakage seals contribute to improved performance is in reducing the rotor 
windage losses    When considering low volumetric flow machines, the rotor 
windage becomes a significant percentage of the output power as compared to 
large volume flow machines which have a corresponding increase in power out- 
put     If the highly efficient seals are utilized to prevent bypass flow around 
the blade passages,  then these same seals control the leakage of working fluid 
into the clearance areas on the sides of the rotor.   If these clearance areas 
around the rotor are then evacuated or maintained at lower pressure levels 
than normal stage exhaust, then the windage losses of that stage can be 
reduced significantly. 

(The turbine concept is shown schematically in Figure 2. 0. 1 and can be 
desej ibed further as follows:   The working fluid, which is specified as steam 
for ihe turbine design under consideration,  enters the turbine unit and passes 
into ihe nozzle inlet plenum     The steam then passes through the nozzles 
or stalors in the housing where it is accelerated and discharged with a tangen- 
tial whirl component equal to the rotor tangential velocity at design point 

| speed     The steam then as it enters the rotor,  has only a small axial com- 
■ poncnt relative :oth 'rotor    The steam in the rotor is then expanded further 

its ü passes from the discharge nozzles or channels in the rotor and this 
resulting momentum change produces rotor torque and work.    This process of 
energy transfer from the steam to the rotor is typical of an axial flow turbine 
utilizing reaction in the rotor blading and an a\ial relative inlet to the rotor 
results in the commonly referred to ''50 percent reaction stage". 

The high efficiency seals are required on the inlet side of the rotor to 
prevent excessive leakage of the steam from bypassing 'he rotor nozzles. 
These seals are shown in Figure 2 0. 1 on either side of the stator nozzles and 
control the steam leakage from the rotor nozzle annulus. 

With reaction turbines,  since there is a large difference in pressure 
level across the rotor nozzles,  seals are commonly used below the rotor 
nozzles so that the pressure level on either side of the rotor disk can be 
controlled to provide thrust balance     This,  of course,  is dependent upon 
rotor size and thrust bearing load capability and consideration of additional 
thrust loads from external sources or additional stages     For the design 
under consideration,  the pressure unbalance across the rotor is approximate- 
ly 40 psi and I he rotor disk area is nearly 400 in? which would produce a 
thrust load of 10. 000 pounds.    The seal on the (>xit side of the rotor is there- 
fore locatt d ai a diameter that will provide a balance of the pressure loading 
force- and eliminate excessive thrusi loads from the bearings.    The area- 
brlow these seals on either side of the rotor below the blading are vented 
to ;,    i-v pressure condenser operating at 2 psia.    Tnis low side cavity 
prt ssurt  ! ümin.ites a significant portion of the rotor windage loss. 

Du  loioi   is supported by the output shall which in turn is supported 
by w.iter lubi ea'td tilling pad journal and tilting pad thrust bearings. 
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The tilting pad bearings are utilized for their self-aligning and stability char- 
acteristics which are essential when using low viscosity lubricants such as 
water.   The water used for lubricating the journal and thrust bearings is 
returned to the steam generator.   The journal bearings are operated under an 
induced preload which is applied by a piston which applies force to the pivot 
point of one pad of each bearing set.   This preload maintains the rotor shaft 
position in the desired location and eliminates the possibility of the shaft mov- 
ing around in a large bearing clearance.   The preload is reduced to a low value 
at startup and shutdown which prevents damage to the bearing surfaces when 
the load capacity is low due to the low operating speed.   The rotor thrust that 
was previously mentioned is adjusted to provide some load on the thrust bear- 
ing so that the shaft does not float across the thrust bearing clearance. 

The seals located on either side of the rotor inlet annulus are the most 
critical components of this turoine concept and their performance has a very 
significant effect on turbine performance.    In order for this turbine concept to 
achieve an improvement over conventional turbines in the low volumetric flow 
regime, these two seals must control the leakage of flow that would bypass 
the rotor blades to a small percentage of the total flow.   If the percent bypass 
flow is controlled to 2 - 4 percent of the total flow, this turbine concept will 
provide an improvement over conventional machines in the low volume flow 
regime.   This low volume flow regime can be more accurately defined by con- 
sidering the dimensionless parameter, specific speed, which considers volume 
flow rate, rotative speed and energy available per unit mass of fluid passing 
through the machine.   Low specific f ;jeed machines denote low volumetric 
flow per any given physical machine size.   Low specific speed with reference 
to turbine efficiency indicates values less than approximately 40 when specific 
speed (Ns) is defined as shown on Figure 2.0.2.   It can be seen in this figure 
that conventional turbine designs experience a decrease in turbine perform- 
ance as the Ns value becomes lower than 40.   Also shown in Figure 
2-0.1 is the predicted performance of the subject turbine concept using highly 
efficient controlled leakage seals.   This curve shows the area of turbine 
performance improvement that is felt to exist.   The subject, "Low Volumet- 
ric Flow Turbine", is being designed for a Ns  value of approximately 17. 

The performance improvement previously discussed is dependent upon 
the adequacy of the controlled leakage seals and therefore, a special design 
approach has been used for these seals.   Conventional labyrinth sea's have 
approximately 5 lo 10 times higher leakage rates than practical for this tur- 
bine concept, so therefore some design concept that provides a much closer 
sealing gap must be considered.   The basic design approach for the seals 
consists of a gas bearing concept which provides for a very small gap across 
the sealing surface.   Gas bearings can operate with film thickness values of 
0.0005 to   0.001 inches which will then be the gas leakage passage width. 
This gas bearing-seal unit will follow the axial motions of the runner (side 
of the rotor disc) in order to maintain this close clearance.   Fixed seals 
would not be practical due to the relative motion between the housings and 
rotor caused by pressure and temperature effects. 
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This section has presented a brief discussion of the turbine design in 
order to familiarize the reader with the design effort.   Detailed discussion of 
the design of each component is included in the "Discussion" and "Design" 
section of the report. 



I 
I 3.0   DISCUSSION 

The following section discusses the design concept of the  LVF  tur- 
bine and the necessary investigations and trade-offs involved in establish- 
ing the preliminary design.   The turbine concept is based on a reaction 
design and depends on fluid film, positive stiffness face seals to control 
the leakage into the rotor cavity.   The turbine design requires special 
considerations in the following areas: 

1. Aero-thermodynamic analysis of the flow passages concerned 
with energy transfer from working fluid to rotor. 

2. Thermal analysis of rotor housing and seals required to 
determine temperature levels and gradients. 

3. Dynamic analysis of rotor, disk, and blades required to 
define the dynamic characteristics over the intended 
operating speed. 

4. Mechanical design of the rotor, bearings, seals and system 
to establish proper loading and functional compatibility of 
components. 

Included is the discussion of the selection, analysis, and preliminary 
design of the controlled-leakage seals and bearings submitted by Franklin 
Institute Research Laboratories (FIRL) in accordance with their sub- 
contract. 

ft 
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3. 1    AERO-THERMODYNAMIC ANALYSIS 

The aerodynamic portion of the design analysis was completed 
and is reported herein.     The nozzle and rotor design geometry 
specified should provide excellent operating potential for the LVF 
turbine concept.   The performance prediction completed and reported 
in Section 8 indicates that this design should yield performance exceed- 
ing that of a conventional turbine operating under similar design 
conditions.   The following section will describe the design analysis 
used to define the aerodynamic performance of the turbine, including 
efficiency relationships and loss coefficients derived for the LVF   turbine 
design. 

3.1.1 Aerodynamic System Description 

The LVF turbine concept is in operation somewhat similar to a 
conventional axial flow reaction turbine, in that a portion of the total 
energy available to the turbine is expended in the turbine nozzles and the 
remainder is taken in the turbine rotor.   The degree of expansion taken 
in the turbine nozzles of a conventional turbine is optimized as a function 
of design operating conditions.   For design conditions similar to the 
LVF  turbine, operating at a low specific speed, the optimum degree of 
reaction is usually low, approaching impulse operation.   The primary 
reason is that at low specific speeds the output power is low compared 
to the available energy, and low turbine flow rates are required.   The 
leakage flow, however, is essentially fixed, dependent on design 
pressures, and the leakage flow becomes a larger percentage of total 
turbine flow thereby reducing the overall turbine efficiency.   The use of 
impulse blading results in increased losses through the turbine stage, 
since typical rotor cascades for impulse turbines have blade efficiencies 
on the order of from 0.75 to 0. 80.   This is due to the large turning 
angles inherent with impulse blades and high viscous losses due to the 
high gas velocities entering the turbine rotor.   The rotor blading effi- 
ciency for the LVF   turbine, however, approaches that of efficient 
nozzles, and a design rotor velocity coefficient of 0.96 was used in the 
design analysis.   Consequently, the efficiency potential of the LVF 
turbine is significantly greater than a standard impulse turbine.   The 
leakage problem was approached by using limited leakage, hydrostatic 
gas seals which form an important component of the LVF  turbine con- 
cept,   and is  examined in detail in the following sections. 

3.1.2 Performance Evaluation 

The predicted turbine performance for the LVF   turbine was 
evaluated using methods and equations specified in the following sec- 
tions.   Appropriate equations were derived to yield efficiency relation- 
ships and loss factors such as seal leakage, seal friction, and disk 
friction associated with the   LVF turbine. 



I 
I 

3.1.2.1       Preliminary Evaluation of Seal Losses 

Approximating expressions were used to estimate seal leak- 
age and friction to provide a basis for evaluating the effect of seal clear- 
ance and seal height on turbine performance.   The final performance 
evaluation reported in Section 8.0 was based on more exact values of 
leakage flow and seal friction specifically evaluated for the final seal 
design.   The conceptual seal configuration analyzed in the following sec- 
tion is shown in Figure 3.1.1. Tie configuration has two seals on the inlet 
side of the turbine rotor and one on the exhaust side on a lower radius. 
Nomenclature, specifying pressures and seal radii in the figure, was 
used in the following design analysis and is reported here for reference. 

The seal leakage flow was evaluated using preliminary 
equations obtained from the Franklin Institute Research Laboratories 
(FIRL) and are equivalent to the equations derived in Reference 5.0.1. The 
leakage flow for Seal 1 was evaluated by: 

Q< • ZUi&fäk)'lbs/spc or 5i," t   (3-U1) 

The leakage flow for Seals 2 and 3 was evaluated using the above equation 
with appropriate pressures and radii.   Leakage flow from Seals 1 and 2 
located at the turbine inlet affect the performance of the L V F turbine 
since leakage flow through these seals is not available to the turbine rotor. 
Leakage through Seal 3 occurs after the flow has passed through the tur- 
bine rotor and was not included in the performance analysis. 

The preliminary expression used to evaluate the seal friction 
horsepower loss for Seal 1 was: 

HPSF « 2.&I x/o'*   nKNz (rS-r3
¥h horsepower       (3.1-2) 

where- 2.(,\Kio-b*   —I   ff^rfJTl 
55-0 (IZ)  iK 60  '      Z   J 

As may be noted, the effect of running very close seal clear- 
ances is to minimize seal leakage at the expense of the frictional horse- 
power loss.   Consequently, for a given seal height, or sealing radii, 
there exists an optimum seal clearance from the standpoint of turbine 
performance.   The optimum operating seal clearance was subsequently 
evaluated as a function of seal height as shown in Figure 3.1.2. Strictly 
on the basis of performance, it is advantageous to use the smallest seal 
height possible and run with very close clearances.   Since small seal 
heights typically lead to poor seal performance, the actual seal design 
chosen was the result of a compromise between turbine efficiency and a 
static and dynamic evaluation of seal response characteristics.   Figure 
3.1.2 can be used to determine any penalty incurred in performance bv 
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choosing a particular seal design with a non-optimum seal height, chosen 
to meet stability criteria. 

A significant pressure load exists on the inlet side of the tur- 
bine rotor due to the rotor inlet pressure between the two front seals, 
condenser pressure below the lower seal and the thrust load due to pres- 
sure existing under each sealing pad.   A balancing force exists due to the 
pressure load on the exit side of the turbine wheel, but since there exists 
a pressure differential across the turbine rotor, the forces exerted on the 
exit side of the turbine rotor do not precisely balance the forces exerted 
on the turbine inlet area.   The following procedure was used to evaluate the 
force balance across the turbine rotor. 

The total thrust load under the sealing pads was initially 
estimated by assuming that the average pressure under the seal is the 
mean pressure between each side of the sealing surfaces.   The actual 
average pressure under the sealing pad was evaluated for the design seal 
by FIRL and is included in the design analysis covered in Section 6.5. 
Using average pressures, the total axial force exerted on the inlet side of 
the turbine rotor was evaluated for the preliminary design analysis and is 
given by the following expression: 

Ft- irftrf.rfxB+Hj+irf-r?) P, + (rz
z-r?)(*±Z™)'], lbs (3.1-3) 

The forces tending to balance the above thrust load are depen- 
dent on the seal radius of the rear seal, since lowering this sealing 
radii increases the area on the exit side of the turbine wheel experiencing 
50 psi exhaust pressure, thereby increasing the balancing force.   In this 
analysis the thrust balance was adjusted to yield a net positive thrust on 
the turbine inlet which will be taken up in the thrust bearing used in the 
design.   The total balancing force is then: 

Fz « r[<r,*-Oß f(^-r/)(^) + 2^, lbs   (3.1-4) 

where TL is the total thrust bearing load.   The selection of the value 
TL is explained in some detail in Section 6.5.   With specified values for 
the sealing radii used on the inlet side of the turbine, design pressures 
established, and the thrust bearing load fixed, the sealing radii on the 
rear of the turbine necessary to balance the thrust load may be deter- 
mined b\ equating the above expressions for axial force, and solving the 
resulting equation for rg.   The lower seal radius is then determined by 
the seal height. 
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The relative position of the three pealing surfaces used to 
determine the thrust balance has an effect on turbine performance,   For 
example, if the seal spacing on the front of the turbine rotor (r% - ^) 
were increased, the pressure load existing on the inlet side of the tur- 
bine rotor would also increase.   Pressure balance then requires the 
rear seal be lowered, exposing a larger portion of the wheel disk to 
exhaust pressure rather than condenser pressure.   The greater gas 
density at exhaust pressure tends to increase the frictional loss of the 
rotating wheel disk, resulting in a net decrease in turbine performance. 
The overall effect on turbine performance of varying inlet seal spacing 
in shown in Figure 3.1. 3 and the total disk friction loss shown in the 
curve is derived in the following section. 

3.1.2.2     Wheel Disk Friction 

i A wheel frictional loss is incurred whenever a disk is ro- 
tated in a viscour medium.   This loss typically varies directly with 
I gas density surrounding the rotor, disk diameter squared, and turbine 
tip speed cubed.   Since the tip speed is also a function of the turbine 
diameter, the frictional loss is then proportional to diameter to the 

I fifth power.   Turbine speed was established by the design specifications 
and the turbine diameter was chosen to provide optimum performance 
With these values specified, the turbine disk friction for the LVF tur- 

Ibine was minimized by venting the turbine disk below the two lower 
seals on the inlet and exit sides of the turbine wheel to condenser 
pressure, thereby reducing the gas density next to the wheel. 

The total frictional loss for the LVF turbine was evaluated 
by summing losses determined for four specific sections of the wheel 
disk.   These are: (1) the inlet side of the turbine rotor; (2) exit side 
of turbine rotor below seal> (3) exit side 'A turbine rotor above rear 
seal, and, (4) top of turbine disk shroud. 

The frictional loss evaluated for Section 1 was based on 
experimental data obtained by a number of investigators.   For example, 
the work conducted by J   W. Daily and R.  E. N'ce (Reference 3. 2. 7) 
provided disk friction loss coefficients used in the following relation- 
ship.   The disk friction loss for Section 1, expressed as a fraction of 
the available energy, is given by: 

u -*<fcW) (31-5) 

For Section 2, the friction loss was expressed as a percent- 
age of the loss obtained for Section 1, by: 

S>or2 
=   JOF,  '   D    ' 

s5 (3 1-6) 
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The fractional loss associated with Section 3 was obtained 
by evaluating the loss for one side ef an entire disk of radius r^, and 
subtracting the loss obtained for a disk of radius rR at the same gas 
density.   For the radius TA,  the total disk friction "loss is: 

"3   W H*j 

i where U4 = turbine tip speed evaluated at radius r*.   For the radius 
■ rg,  and again using Equation 3. 1-5, the disk friction loss is given by: 

(F -   I   ( K~ Pz (2 fbf (Uu)3 \ bDF-r* ' z \7WJ   % Tu J 
I For a given rotational speed, tl.e turbine tip speed is seen to 

be proportional to the radius, or: 

After manipulation, the frictional loss for Section 3 may be 
expressed as: 

The loss factor associated with Section 4 was evaluated using 
friction factors and loss coefficients presented in Reference 3.1-1.   A 
dimensionless friction factor was obtained in this report for typical disk 
Reynolds numbers and operating tip clearances for the  LVF  turbine. 
The coefficient obtained was 0.002.   Using this factor, the frictional 
moment (M)   of a disk of thickness (B) is given by: 

I 
I 
I « ■ WfXf) B D'^ , «-lbs t3-1-8» 

This frictional moment may be expressed as a frictional power 
loss, or; 

I *     U        * can sec 

The total frictional loss obtained for Section 4, as a percentage of 
available energy, is therefore: 

C -    .002 vr/° 3 P (AH ,-O   I  Q\ 
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The seal friction and disk friction losses obtained above are 
directly subtractive from turbine efficiency, and these factors along with 
seal leakage consistitute the primary geometrical loss factors associated 
with the LVF  turbine design.   Aerodynamic loss factors such as nozzle 
and rotor velocity coefficients are discussed in the following sections. 

3.1.2.3       Turbine Efficiency 

Relationships were derived defining turbine efficiency for the 
proposed   LVF turbine design by examining the energy transfer between 
the working gas stream and the turbine rotor.   In the proposed turbine 
concept, the gas stream enters the rotor axially with no relative tangen- 
tial component of inlet velocity.   Hence, the gas stream is accelerated 
through the stator section until the tangential component of the gas velo- 
city matches wheel speed, eliminating the whirl component of wheel 
velocity relative to the rotor.   The remainder of the expansion energy is 
taken across ihe rotor blades and the resulting change in gas angular 
momentum imparts torque to the turbine rotor.   Turbine efficiency was 
predicted in terms of blade angles, velocity coefficients and relative 
velocity vectors in this section, using the following velocity diagrams. 

Velocitv vectors at rotor inlet 

U 
The following relationships are applicable for the condition of axial inlet 
relative velocity.   The absolute velocity at the rotor inlet, corrected 
for thn stator velocity coefficient, is: 

C, - K/2J J-CH.-H,')   '   ,   ft/sec (3  1-10) 

The relative rotor inlet velocity is then- 

W, = C, Si" oc, ft/sec (3.1-11) 

This component of velocity adds to the total energy available to the tur- 
bine rotor, and after modification was included in the expression used 
to obtain the rotor exit relative velocitv, as follows; 

Velocitv vectors at rotor exit: 

Energy transfer from the working gas stream to the turbine rotor is 
evaluated by means of the change of angular momentum relative to the 
rotor.   The change in angular momentum is given by the change 
in the tangential component of relative velocitv (WUJ    and the 
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method shown in Reference 3.2,7 isused to evaluate the magnitude of the 
relative gas velocity leaving the rotor, or; 

V; • J% w*+ %(2fl Jj ( H, » HI~V   .   ^/sec (3.1-12) 

where t]t ,  the recovery factor, is approximately equal to the square of 
the rotor velocity coefficient ( ft?).   Reference 3 2.7 indicates that a 
conservative value of /^ is ffz,   and using these relationships, Equation 
3„ 1-12 becomes: 

V, = %fö*H* * «9 T(H,-Hj)     , «/sec (3.1-13) 

At the design point, the relative inlet velocity has no tangen- 
tial component, and the total change in angular momentum is given by the 
tangential component of W2.    The ideal energy transfer to the rotor is 
'hen of the form. 

E„ *   u IT ( W* Cos P* ) ■ ft"]b/se ' (3-1~14) 

where w is the total turbine flow.   To obtain the actual energy transfer, 
the flow rate must be corrected due to leakage through the two seals 
located OP the front of the turbine rotor.   Also, the above is the total 
gas energy transferred to the rotor, and frictional losses in the turbine 
such as seal friction and disk friction must be subtracted from EQ to 
obtain the true shaft output power. 

If the overall available energy is given as: 

£   Ä yISs   =  tfj(H0-H/)    .  ft-lb/sec (3.1-15) A     *U 
then the turbine hydraulic efficiency mav be expressed as: 

Loss factors examined above, including seal friction, seal leakage, and 
disk friction, were expressed as a fraction of available energy.   As 
such, they mav be used directly to modify the turbine hydraulic efficiency 
into an actual turbine efficiency as follows: 

I? -   7   (" f   )  - ($r, *,?«) (3.1-17) 

Turbine efficiency as it   is   defined above  is   based on the 
S total enthalpv at the turbine no/zle inlet and the enthalpy under static 

conditions at the rotor exhaust.   No correction was made for the kinetic 
(•nergy in the exhaust gas, and the total to static efficiency evaluated 
above   is   us, d in the remainder of this report to define the perform- 
ance ol tile   LA F   turbine. 



I 
I 
I 

I 
I 
I 
I 
I 

I 
I 

I 

i 
» 

18 

A similar analysis was performed for Krbine operation under 
off design operating conditions,   The following inlet vector diagram is 
typical of the turbine operating at less than design speed. 

v«,       ^ 
Under this operating condition, the tangential component of absolute inlet 
velocity is greater tlan the turbine tip speed, resulting in a whirl com- 
ponent of rotor inlet relative velocitv, W„  ,  defined bv: 

ul 

K, -   C,(Cos<)-U   , ft/sec (3.1-18; 

If the off design condition were reversed, such that the tip 
speed were greater than the tangential component of absolute velocity, 
the above equation is still valid.   Wu    would then be negative, and since 
the positive direction of WU1 is in the direction of wheel rotation, the 
indicated direction would be opposite to wheel rotation,   In either case, 

I the magnitude of the relative inlet gas velocity, W^,  is given by: 

W; = [ (WU,)
Z+ (C Sm«)*J *    , ft/sec ( 3.1-19) 

furthermore, under these conditions, the rotor inlet relative velocity no 
longer enters the turbine axially, but enters at the angle, fy,  shown in 
the above sketch. 

Since the rotor blades were designed for axial entry, with a 
90° blade entrance angle, the gas stream enters the turbine rotor with a 
certain amount of incidence. The incidence angle in degrees is given by 
(<?0-/3j), and Figure 71.4 in Section 7.0 was used to obtain the incidence 
loss coefficient, I7j . This coefficient was used to modify the axial inlet 
velocity in evaluating the rotor exit relative velocity, or: 

W --   YRJ ft fy*(W,*) +Z<j J (H,-Ht') ' . ft sec     (3.1-20) 

The total change in angula" momentum used to evaluate the 
hydraulic efficiency is given by the change in whirl velocity.   Assuming 

I that  Wu      is positive in a direction opposite to wheel rotation, and 
taking due regard for the sign of the tangential velocities, 

ft = ?c7   ( W*' *  C°5^ Wl) (3.1-21) 

Loss coefficients used in Equation 3. 1-17 to obtain turbine 
efficiency f(\ ,   were evaluated in the same manner as reported in the 
design point analysis. 
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3.1.3   Performance Optimization 

Usin» the relationships reported in the preceding section, the per- 
formance of the LVF   turbine was analyzed and optimised.   Parameters 
optimized w< re rotor and stator blade anales, and turhine velocity ratio. 

The optimum turbine diameter and nozzle angle was established by 
examining the variation of turbine efficiency with design velocity ratio 
(U/CC1)    for various turbine nozzle angles, as shown in Figure 3.L4. Varia- 
tion of design velocity ratio has the effect of changing the degree of turbine 
reaction . defined as; 

/O       »        "    ~     * 
"*   " Hz. 

This quantity varies with tip speed, since the LVF turbine operates with 
axial relative inlet velocity at the design point and the portion of total head 
drop taken in the stator section must be modified so that the tangential 
component of inlet velocity matches the wheel speed.   A similar effect is 
noted l.-v varviiH" turbine nozzle angle   and the degree of turbine reaction 
is shown for various design velocity ratios, and nozzle angles, in the 
following table. 

DEGREE OF TURBINE REACTION 

D 

.5 

esign Vei 

.55 

ocitv Rat 

.6 

io 

.65 

Nozzle 

Angle, 

Degrees 

10 .72 .66 .60 .53 

12 .72 .66 .59 .52 

15 .71 .65 .58 .51 

20 .69 
*  

.63 .56 .48 

From Figure 3-1.4 the effect of changing the nozzle exit angle has 
a minimal effect on  LVF turbine efficiency and this parameter was not 
considered critical in terms of turhine performance.   The nozzle exit 
angle (10°) specified for this desitzn was based on flow considerations 
between the stator and rotor sections, explained in detail in Section 6.0. 
The optimum design velocity ratio as shown in this figure was about 0.62. 
The design velocity ratio chosen for the LVF turbine design, however 
was 0.60   resulting in a turbine diameter of 24" and a tip speed of 1.250 
Ips.   This velocity ratio is slightly less than the absolute optimum; how- 
ever   since very little chanue in turbine performance was observed, the 
lower velocity ratio was chosen which results in a slightly smaller turbine 
diameter. 
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As shown in Figure 3.1.5, the rotor exit tlade angle is much more 
_ critical in terms of turbine performance than is the nozzle angle.   As 
I should be expected, the turbine efficiency increases with decreasing 

nozzle angle for a fixed blading efficiency.   The design blade angle (12°) 
- was chosen on the basis of turbine performance and manufacturing consid- 
I erations.   From a performance standpoint, it is advantageous to use the 

smallest blade angle practical, and to facilitate a rotor blade channel 
m integral with the turbine disk; a minimum blade angle of 12° was chosen. 

I 
I 
I 
I 
I 
I 
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3. 2    HEAT TRANSFER ANALYSIS 

This discussion will include those means used to evaluate a 
temperature gradient throughout the turbine.   This section will define 
the approaches used in obtaining local heat transfer coefficients in 
the various areas, the means of evaluating the disk friction (which is 
a heat added to the system), evaluation of the circulation flow around 
the disk, and finally, an evaluation of the means of calculating the 
temperature throughout the system.   Several approaches were analyzed 
in an attempt to obtain the most applicable for this particular configura- 
tion.   These approaches will be discussed in detail in the following 
sections« 

3.2.1   Main Body of Disk 

A cross section of the overall turbine configuration is shown 
in Figure 3.2.1.   In evaluating the local temperature distribution 
throughout this system, it is important to obtain values of all areas 
of heat input and heat rejection to the system.   The heat transfer 
coefficients are also very important in that they provide the means for 
the heat flow.   This is a particularly difficult heat transfer problem, 
since a number of complex functions are occurring which add or sub- 
tract heat from the system.   The initial heat source of the system is 
the high temperature (430°F) steam of the turbine inlet.   Although the 
exhaust temperature is considerably lower (330 F), it is desirable to 
maintain the turbine wheel and most of the housing at an even lower 
temperature than this exhaust gas temperature to prevent thermal 
distortion    Considerable heat is also added to the system through the 
friction occurring at the seal faces and through disk friction around 
the disk.   The magnitude of these heat additions is approximately 9 HP 
in the seal area and 1.3 HP due to disk friction on the low (2 psia) 
pressure area.   Because ol the centrifugal compressor action of the 
disk, there is considerable mixing of the flow between the disk root 
and the disk tip, hence, this mixing action must also be considered 
when evaluating the gas temperature adjacent to the disk. 

3.2.1. 1       Local Heat Transfer Coefficient 

The local heat transfer coefficient along the disk surface 
is difficult to evaluate on a theoretical basis because of the large 
turbulence in mixing which occurs.   However, several reports have 
data relating to these conditions.   These include References 3.2.1 
through 3.2.5.   Calculations of the heat transfer coefficient for the 
disk wore made using correlations presented in these references. 
Although none of these references represented exactly the conditions 
of the L V F turbine, they provided 2 basis for comparison and 
analysis to obtain heat transfer cotl. »jients for the LVF turbine 
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SKETCH  OF  TURBINE   CR05S SECTION 

0I5K TIP   COOLING 
WATER    PASSAGES SEAL   CAV ITIES (3) 

EXHAUST 
PLENUM 

»NLE.T 

PLENUM 

SHROUD   COOLINQ 
WATE1R   TUBES 

FIGURE 3.2..I 



J 25 

I The basic considerations applicable to the LVF turbine are 
those associated with heat transfer, due to disk friction of the wheel 

(and mass transfer into the gas surrounding 'he disk, due to the leakage 
flow from the seals at the periphery of the disk.   Reference 3. 2.1 pre- 
sents data showing the heat transfer to a rotating disk including the 
«effects of mass transfer.   However, the dimensionless leakage flow 
rate parameters which are presented in Reference 3. 2.1 are t.vo orders 
of magnitude larger than those of the LVF turbine     Consequently, in 

I obtaining the heat transfer coefficient from this reference, an extra- 
polation of the data was necessary.   Using these data of Reference 
3. 2.1.  the total disk heat transfer coelficien! was obtained as 28 BTU/ 

ihr - ft2 - °F on the nozzle side of the disk and 57 BTU/hr - ft2 - ° F 
on the exhaust side of the disk. The change of a factor of two in heat 
transfer coefficient results from the leakage rate being considerably 

(different on each side.   This variation due to leakage flow rate, of 
course, is not applic able to the actual case since the leakage flow rate 
is so small as to approach a situation of no leakage flow as far as heat 
transfer coefficient is concerned.   Therefore, these heat transfer values 
can only be used as a guide and the correlation of this reference is 
judged not applicable to the LVFT situation. 

I 
I 
I 
I 
I 
I 
I 
I 
i 

i 

The second reference. Reference 3. 2. 2 "Mass Transfer, 
Flow, and Heat Transfer by a Rotating Disk", has a very general 
correlation for the calculation of disk friction.   This equation yields 
a heat transfer coefiicient for the disk of 3. 6 ETU/hr - ft2 - °F.   This 
v?lue is felt to be the other extreme from that of Reference 3. 2.1 and 
is quite low for forced convection considering the velocities of the 
disk. 

Reference 3. 2. 3 "Analysis of Turbulent Flow and Heat 
Transfer on a Flat Plate at High Mach Numbers with Variable Fluid 
Properties" was then used to calculate the average disk friction of 
the wheel.   This more general paper based on flat plate tests rather 
than rotating disks could be considered to be conservative in that the 
high turbulence to centrifugal mixing effects in the case of the rotating 
disk would not be considered; however, the heat transfer coefficients 
were felt to be reasonable and should be conservative for use in the 
LVFT configuration.    Based on the correlation of Reference 3 2.3, an 
average heat transfer coefficient for the wheel was found to be 6. 33 
BTU hr - ft2 - °F 

When considering the three analytical approaches, it was 
judged that the approach of Reference 3. 2. 3 would be most applicable 
to the LVFT configuration, and would result in slightly lower than 
actual heat transfer coetlicients and.  hence, would be a conservative 
approa« h to use when calculating the temperatures throughout the 
turbine disk and the nearby housing.    Consequently,  this correlation 
was used lor the analysis. 
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3.2.1.2    Disk Friction 
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A large number of references (References 3.2.6 through 
3.2,13) concerning disk friction are available.   These references 
include both theoretical and experimental data.   A summary of data 
presented in many of these references is shown in Figure 3.2.2.   It 
may be noted that there is a large variation in disk friction between 
the various authors.   However, the majority of the data is similar and 
it includes six references, Reference 3.2„6 through 3.2c 11.   The other 
references which do not agree well are those of Buckingham and Stodola, 
which do not vary as a function of Reynold's number.   These older 
references are probably valid for the conditions at which the data were 
taken, however, not applicable to a large rang? of Reynold's numbers. 
The recent data of Daly and Nece(Reference 3.2.7) and Mann and 
Marston (Reference 3.2,6) are felt to be the most accurate and were 
used in determining the disk friction coefficients. 

The disk friction of a freely rotating disk is considerably 
higher than that of a shrouded disk.   The reason for this difference 
is that a freely rotating disk will induce circulation of a large amount 
of gas therebv resulting in a large amount of work jn the gas vhile a 
disk that is ciossly shrouded increases the friction between the gas 
and the disk, however, decreases the mass flow circulated and, 
hence, the disk friction is decreased.   A decrease in disk friction as 
much as a factor of four is reported in References 3.2.12 and 3.2.7. 
As compared to an unshrouded disk, the shrouded disk can be expected 
to result in from one-third to one-fourth the disk friction of the un- 
shrouded disk.   The disk friction coefficients shown in Figure 3.2.2 
have been modified; when the effect of shrouding was not shown it was 
assumed that the disk friction was decreased by one-third over that 
of the unshrouded disk.   It may also be noted that Figure 3.2.2 
includes the friction on both sides of the disk. 

3.2.1.3    Circulation Flow 

I 

In evaluating the temperature gradient and neat transfer 
distribution of the L VF turbine, it is important to determine the 
amount of heat which is carried up the disk and down the shroud wall 
due to the pumping action of the disk.   This pumping action, in effect, 
provides violent mixing and temperature equalization of the disk 
fluid.   Several references are available concerning this recircula- 
tion flow.   The references considered were References 3.2.2 and 
3.2.5.   However, these references proved to be of little value, 
since in the first reference flow was injected and in the second 
reference the amount of circulating flow was dependent upon the 
amount of naphthalene evaporated from the disk during the experi- 
mental test.   Since these conditions are not consistent with the 
LVFT conditions, the information was not used for this applica- 
tion. 
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Unpublished experimental data obtained by the authors 
showed that the average velocity vector across a rotating disk was 
inclined at approximately 15° from the tangential velocity.   In other 
words, a radial vector of approximately sin 15° times the tangential 
vector is representative of the turbine configuration.   Therefore, in 
the following heat transfer analysis, it was assumed that this radial 
vector described the mixing velocity in the gas„ 

3,2.1.4       Means of Cooling 

Several means of cooling the disk were considered.   These 
included rejecting the entire disk friction heat to the leakage flow 
through the peripheral seals, natural convection from the turbine 
housing to the surrounding air, and water cooling of the disk shroud. 

Most turbines reject the disk friction heat by an open cycle 
heat rejection to the exhaust.   That is, the relatively low temperature 
turbine exhaust gas flows into the disk cavity between the rotating disk 
and trie shroud and here it is circulated by the pumping action of the 
disk and heated by the disk friction.   Then the gas flows into the 
turbine exhaust at higher temperatures, carrying off the disk friction 
losses.   In the LVFT concept, the leakage flow is greatly reduced over 
that of the conventional turbine, which circulates a large amount of 
flow in and out of the disk cavity.   Hence, the disk friction is added to 
a relatively small amount of vapor and the vapor temperature would 
become unacceptablv high.   In fact, the leakage gas flow will become 
excessively hot iust due to the seal friction that is partially absorbed 
by this leakage eas.   Therefore,, it is concluded that the disk friction 
heat could not be rejected to the leakage flow and other means of 
rejecting the heat would be required. 

I An examination was made to see if the disk friction heat 
could be rejected from the turbine housing by natural convection. 
Using the procedures presented in Reference 3.2.14 for natural 

1 convection, the natural convection heat transfer coefficient was found 
to be between 1 and 1. 5 BTU/hr - ft2 - °F.   Assuming all disk fric- 
tion hf\it must be rejected from the casing, then the temperature 
difference to reiect the heat is approximately 600°F.   Since this 
temperature is far in excess of anv that could be toleraied, the natu- 
ral convection approach was rejected.   Another problem with natural 
convection would be that the turbine position in the associated machi- 
nerv would luve to be carefully located so that the natural convection 
air currents would not be prevented.   Since this is difficult to assure 
in all cases, natural convection at best would be an awkward compro- 
mise. 
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The two more conventional and easily accommodated means 
of cooling the disk were rejected as inadequate.   Therefore, it was 
felt that the disk must be water cooled in order to reject the disk fric- 
tion heat. 

I 
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3. 2. 1. 5 Turbitw Disk Hnat Tran:"'fer An:tly!;is 

A tlwnnal analysis of tlw turhnw disk .and surrounding area 
wo~s made 'o d<>termin(' the tempcnHure and the ~radicnts through 
thesr· c ompotwnts. These lc!tnpPraturPs werP liH•n US'-'dJn 'he stress 
analy~is of thP disk. 

A thPrmal tnfld<'l of ttH• disk anrl its surroundings was set 
up w11h sp(•ciliNI boundary conditions and t.hP heat transfer was com
putf·d using a digital computPr pro~ram cl(·sc:rilH'd in Section 7. 2 5. 

Tlw analysis tHH.•d .t 15° sPgnwnt of the turhine disk which 
was divJd('(l into 28 tPmpr>rattJH' nocic?s. ThPSf.' temperature nodes an~ 
~>mall r•lt•nwnts ()f tl1e syst('m and ;tn' n•prC'setllerl by a 1t.•n1~w1·aturr• 
.11 1 h<• < c•nl ''1 of tlH' <'lt·nH·nt. The lw.tl I r.tnsfer throughout th<' system 
is ;tn.tl.l~!lU!-' to <.dectrical curr('nt flow sn that the problem can be 
soJvNll!"lng .1 rPsistancf• rwtwuii< Each temper.tture node is 
~·ontwr'Nl t(l its ad_il)ining nod1.•s, which affl'liS its u~mpc•raturl' by a 
r ond111 t(q· Cr,ndu('tors for lwa! I ransmissinn by conduetion, convcc-
:j,,n ;~nd fl111d f.lr,w t'Onrluctors wc•n• us<•d in this analysis. These 
lolldtt<trns ,lJ'(' dl.'!ini'Cl in St~ctinn 6.2 nf !Ins J.f'port. 

.Jf r•· 
Tl1P hound<try condi'.ions PS'dblislwd during lhf' analysis 

1 Tlu• cooling w:tfr'r lt.'lll!Wratun• hPld constant 
at 130° F. 

2 TcmpPratuJPS of !Ill' up(wr porlion of the disk 
at tlw Nlge and .1l Ill<' dtsk renter held constant 
at 330°F and 380°F, n•spectively. ThCSl' 
tl'mpPra!ures arP assumed fixPd bceause of 
their clns<:• proximity to tiH' furbint• nozzles. 

:3. The huh ar<'a of the disk is m:tintainNi at 130°F. 

4 rhe vcrt.i<'al center litw ol thl' di~k is assumed 
ro be an adiabatic ~urlac<'. 

5 A orw-ha.ll SPclion of tlw cli~l< w.ts analyzed 
sine<' it is assumNI lhll tfw '<'mperaturc>s on 
the otlwr sirlP would IH' .\ mi n·or image. 

Tlw !-'uun (' ut heat :HidPwn to tlw systPm iH the disk lrietion 
in !llf' .tnnuLil ~p.leP lwtw('Pll tlw shroud and tlw turbirH' di~k. This 
volunw i~ \'l'nl!'ri 'o ('OndPnS<'r prPssun' (2 p~ia) lo minimizP disk lric
tirlll pnwt•r los~1.'S hy rNiucing tlw d('nsitv of the stP.am in this space. 

r;~,c.~T AVAILABLE COPY 
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I 
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A n'll r< ul,t'I''n flnw p.l·~,., n wil.l b•· HPt up by the> rotation 
oJ tlw disk and the lricliona1 lorcPs lwtwePn q,,. ~lil-lk and thC' Sf(•am. 
TIH' str•:ttll will tlow upw;trds along tlH• disk :tnd t!H•n dowrt";tlnng the 
shroud. 

Dis!< lri<'tion w;rs add1.•d to 'lw len IJ111d nod(•s in •his anm1h1t 
spacP. In <t fluid nodP !lw tt•mp0ratun~ o' tfw ups'rf';lm noel<' a!fPclS 
thr' norlf· downs! r1~am ol it f!S a lunclion of tlw flow Vf•locity. dC'nsity . 
• tnd (iJs•;tncf'. In ord1•r ro d1•tpnnirw Ow m;t~nilud(• ol tlw fluid ronduc
t()rs. IIH' mass flrl\1,' or vL•InC'ily ol llll• recirrulalin~ Hlf'ttm llHIHI be 
d<'tr>rmirH•d. 

Pn•vious e~:pPriPnce with SIP<IIn and p;as turbines shows 
that a ( ircuJ:tti(ln p:lltPrn of ~as on lhf' Ia<''' of a mtating disk spirals 
11\! 1 \v;trrl.ly trllm tl11• rlisk cPiltf'J' with a n•suli.tnt vrlncity Vt'ctor at 150 
lrc'm '.lw •:tn(!l'niJ<tl vl'locity. BasNI on this ubserv.ttwn, the radial 
\'t•ltwity olllw n•cirttJ!ati(ln g<~s w:ts dfi!PrminNL The steam c:ircula
tlnn in thr• .mntll<ll sp.1r·c• lwtwvc•n 'h~' shroud ;tnd thC' clisk was then 
dt•!t•rminPd ;rnd 1 l1t' !l11id C'ondut lol'H Wt'rl' c·alculatc•d. Sctlion 6. 2 shows 
in mort' df't.tll 'his c<tkul;tfinn 

Dtsk lrif 'ion IH'at is .tclrJ,.rf I() till.' lluic! nodes anrl is trans
l;<•l·:pd through tl11• annular spac(•\)('tv..'t'f'l1 ttw disk anrl tlw shrnucl by 
tlH· lluid ( ~·nrlu, !ors. This lw;tl 1s dissipalt•d into tlw turbine> clislt ancl 
t!w shroud's w.ttt•r 1ack(•l h~· c·onduclion and corn•f'elion. 

Hc'<tl is adr!Pd to Uw Hysll'lll by thr.' disk lrirtion unlil the hclat 
Pn'\'ring Pqu:tl.s 'l1t· lwat lt•aving into tlw ('OoJing waiPr. At thiR point 
o~ll !h(• fl(ldr• tempPraturi'S will lw in c•quilihrium. 

Til'' lwat t.rdnslc•r cnmput!'r program does have the c:apability 
t)l slwwi ng lite' 1 ransiPnl t ('111\)Pl at 11 rc• respot1S(l of the system. However, 
transient l<'mJwratures W<"re not cnmputPd in this analysis due to the 
extremely long computpr tim(~ which would lw nc>cPssary The long 
computPr tinw is tweC'ssarv dtw fo the LtrV,(' dilfPrPncf' in the capacitance 
of tlw fluid anrl solid nodPH. 1n ordt'J' to achieve convPrgene(' in the 
calcul.l!ions a tY.inimnm !inw su•p must})(' llSI'd which is a function of 
tlw nocl1•s' cap;lci•anu•. Tlw sma.llcst v.tlttl' 1d (',Jpacitance will deter
miJH' the tninimum tinw Sf('P To <l<:hiC'V<' it ll'asonable romput(' time, 
a hi!-!;h v;llttt' ()f t .tp.lcilane(' was input for all tlH• variablf' temperature 
nodr:'s which will mal<P the program cnnv<'rg<' mnre quickly but will 
invalid;tff' lt.lnsit•nl lt•mper.ttures. 

Tlw 1w.11 tianslc·r l'OI'llicil'nls disutssPcl in paragraphs 
3. 2.1. 1, :~ 2. 1. 2. and :;1. 2. 1. 3 W('J'(~ usr:d in the calc:ulation of the> 
disk fl'lilP('J',Itun•s. 

Elf:ST AVAILABLE COPY 
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The steady state temperature distribution of the disk, shroud 
and recirculating steam indicates reasonable temperature gradients 
along the disk for adequate mechanical design analysis,   No problem is 
anticipated in the thermal control of this area.   The stress analysis design 
section of this report discusses in detail the design of the disk based on 
the thermal gradients evaluated here. 

! 

I 
I 
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3 2 2   Disk Shroud and Seal Area 

The outer periphery of the turbine rotor is of particular 
interest in considering the temperature distribution since this area is 
the highest stressed area of the turbine.   This area is also the most 
complex to analyze since the largest number of external factors are 
affecting the disk surface.    These external factors include:   the seal 
leakage flow around the disk; the seal friction; the disk friction, the 
heat conducted from the live steam flow through the turbine; and the 
effect of cooling due to the water flow through the tip shroud.    Figure 
3 2.1 schematically shows this configuration.    Each of the items 
mentioned above will be described in detail in the following sections. 

Heat is added to this area of the turbine by hot leakage gas, 
seal friction, and disk friction. The seal friction and the seal gas 
leakage flow rate were calculated from equations obtained from FIRL. 

The leakage flow rate is quite important in that it provides a 
means of carrying off the seal friction heat in the leakage flow, 
thereby preventing excessive heating of the seal.   It also is a heat 
source which is adding heat to the disk.   The analysis shows that the 
largest diameter seal would reach excessively high temperatures 
without external cooling    Therefore, water cooling is provided to 
the casing at the disk tip as shown in the sketrh of Figure 3. 2. 1.   This 
water cools the gas around the disk tip shroud which in turn cools the 
seal face area and, hence, controls the seal face temperature to accept- 
able limits 

r.2.3   Nozzle and Blade Area 

The heat transfer coefficient is evaluated for the nozzle flow 
passages based on conventional forced convection correlations present- 
ed in Reference 3. 2. 17. 

The blade heat transfer coefficient determination is more 
complex as little published data are available.   This coefficient was 
evaluated using an unpublished empirical procedure developed by the 
authors.    The total temperature of the gas relative to the blade is 
lower than the steam inlet temperature due to the energy extracted 
to reach the rotational velocity of the disk.   This temperature is used 
to evaluate the fluid properties of the steam in the /otor and is the 
temperature used lor heat transfer analysis 

w 
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3.2.4    Turbine_ Housing 

The heat transfer analysis used to determine the steady state 
temperatures of the turbine housing components is similar to ;hat used 
for the turbine disk     The same computer program was used for both 
analyses 

The analysis of the turbine housing also contains solid and fh;id 
nodes like the turbine disk area,    The combination of the solid and 
fluid nodes gives the same problem as for the turbine disk in that the 
computer time would be too long to calculate the transient temperatures 
unless a much faster computer is used.    Therefore, false values of 
capacitance were input lor all the nodes other than the fixed tempera- 
ture nodes in order to bring the calculation to convergence more quickly 

Heat is added to the turbine housing area by the high tempera- 
ture steam passing through the inlet ducts, the turbine blades and the 
exhaust duct     The chief mechanism for this heat addition is convection 
from the steam to the passage walls    Other sources of heat addition 
are lrom the fluid liiction in the seals and disk lriction on the turbine 
wheel tip. 

I 

I 

I 

I 

I 

I 

1 
I The outer rim of the turbine wheel has a    5" x   375" passage 

which carries cooling water flow at 130°F, maintaining this area at a 
constant temperature     The other boundary conditions are the tempera- 
tures of the imet, leaving, and turbine blade steam which are held 
constant at 430°F, 281°F, and 354°F.    The main part of the turbine 
disk is also held constant at 336°F 

The turbine housing rejects heat by natural convection to the 
surrounding air which is fixed at 100°F. 

The temperature distribution as calculated by the program for 
the turbine housing and surrounding area shows that the only apparent 

(problem area is the temperature difference between the components 
on the inlet side as compared with the exhaust side     From a thermal 
stress viewpoint it would be desirable if this axial temperature gradient 
could be reduced to zero and the radial temperature gradient on the 
inlet and outlet side be approximately the same     This can be done by 
extending the disk shroud cooling water jacket to the area which must 
be cooled.    The temperature distribution is shown in Section 6. 2. 
This area of the thermal control problem will be examined more 
thorougfüy during the next phase ol this program 

The thermal control ol the turbine housing is not considered 
to be a significant problem and lelatively minor design changes 
should be able to provide a temperature distribution suitable lor a 
reliable mechanical design 
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3.2.5   Shaft and Bearing Area 

The design of the thrust and journal bearings require condenser 
water to be used as a cooling medium.   This water will be 130°F and 
sufficient water will be supplied to maintain the temperature of the 
bearings and the adjacent shaft area at the water temperature. 

Heat flow from the turbine disk into the disk center and the 
shaft is not considered to be a significant problem based on the results 
of the disk heat transfer analysis and extended into the disk center and 
shaft area.   This analysis shows that 6.4 BTU/min flows into the shaft 
both in the forward and aft directions from the disk.   This additional 
heat will require an additional 1. 25% of water to be added to the bearing 
cooling system. 

I 
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3  3    VIBRATION ANALYSIS 

The turbine blade natural frequencies, disk and rotor critical 
speeds, critical modes and possible excitation sources were investigated 
for their importance and effect on the successful operation of the LVF 
turbine    The investigation revealed areas where the turbine was unique, 
determining where the analytical effort should be concentrated. 

3 3 1   Blade and Shroud Vibration 

Vibration investigation is important in the successful operation of 
all turbines, and is equally important to the LVF turbine.   The normal 
frequencies considered for steam turbines are, in order of importance, 
the fundamental mode, the second sending mode, and the torsional mode. 
When the blades are in packets, the translation and pitching mode of the 
packet should be considered.   These modes, for the most part, are non- 
existent in the LVF turbine concept.   They are non-existent because 
the blades are short and because of the restraint provided by the 
continuous shroud, which only allows movement in the axial or tangen- 
tial directions.   The frequencies possible to excite with significant 
amplitude would be a mode in which all the blades would deflect in 
unison.   The movement of the blades restrained by the shroud is only 
possible in this turbine concept in the axial direction and the tangential 
direction   called the axial and tangential mode.   (Figure 3.3.1)   These 
modes were analyzed and adjusted so that the resulting frequencies 
were not excitable from possible excitation frequencies.   The excitation 
frequency sources in the LVF turbine are from running speed, seal seg- 
ments, nozzles   and nozzle segments.   The damping available is 
material damping, aerodynamic damping, and seal damping.    The 
seal damping is considered to be insignificant. 

3.3.2   Tu r btne Disk Vibration 

The LVF turbine has close running clearance between the 
seal and disk, making the disk critical speeds of primary importance. 
With the disk sides being used as mating surfaces for the seal, any 
shape the disk assumes from operating at or near a diametral mode 
(Figure 3.3.2) can cause rubbing or excessive seal movement which 
may result in excessive leakage.   The diametric modes are caused 
by operating at critical speeds where an integral number of waves fit 
exactly into the circumference of the disk.   The criteria followed tor 
any disk design given a mean diameter   blade type, and shroud 
design, is to establish a disk thickness in excess of that required to 
resist centrifugal and thermal stress, which will keep the disk's 
critical speed at a safe margin from operating speed and its 
harmonics. 
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FIGURE, 3.3.1 
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The analysis of the disk vibration is far from exact and the 
coupled modes are unpredictable.   Therefore, it is considered good 
practice in a disk where vibration is critical to the performance of the 
disk to leave extra material on the disk that can be removed after 
manufacture.   The disk is then tested, the nodal diameters defined, and 
if necessary, material machined awav, detuning the disk frequencies 
from the excitation frequencies. 

3.3.3   Rotor Dynamics 

The L V F   turbine requires a rotor system that will confidently 
operate from start to running speed without excessive vibration or 
significant axial excursions or radial movement from a co-axial posi- 
tion.   The turbine requires close running clearances that make these 
requirements of importance beyond that of a normal turbine-disk rela- 
tion.   The minimization of misalignment and the 12,000 rpm operating 
speed dictated the size of bearings and bearing center distance. 
(Figure 3.3.3)   These two criteria quite obviously result in a design 
concept which uses a stiff shaft which, fortunately, is the simplest to 
analyze, providing the most confidence in the mode shapes and dynamic 
characteristics.   The first critical, called the cylindrical mode, 
assumes a linear svstem and is a function of rotor mass, bearing and 
shaft stiffness, and the flexibility of the supports.   The LVF turbine 
rotor system requires the consideration of two additional modes of 
vibration; one. the conical mode and two, half-frequency whirl. 
(Figure 3.3.4)  In addition, the load carrying capacity of the bearing 
is a function of both weight and dynamic unbalance and is established 
by the bearing film thickness, 
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3.4    STRESS ANALYSIS 

The preliminary design of Ihe LVF  turbine required substantial 
stress analysis in three primary areas.   Th^sr areas are-  (1) blades 
ami shroud: (2) the disk; and (3) the casing.   The increased importance 
of the stiess analysis in these areas is due primarily to the use of 
* A it rolled-leakage seals requiring exact alignment.   This required 
alignment must be obtained with as little influence from structural 
distortions caused by mechanical or thermal loads as practical. 
The remaining areas of the mechanical design followed well-established 
design procedures.   This section discusses the stress analysis performed 
and elastic investigations made necessary to establish the final prelimi- 
nary design. 
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3. 1. i   Turbine Blades and Shroud 

The L V F   turbine requires a shroud of considerable radial thick- 
ness to be attached to the tip of the blades in order to accommodate the 
I seal running face.   (Figure 3-4.1)   This requirement is unusual in turbine 
design because the radial thickness of the continuous shroud is sufficient- 

lb ick that the shroud is acting as a ring thai depends on the blades for 
>nti'uity between the shroud and disK.   Normally, in turbine design the 

shroud, in addition to being thin, is split into segments and cannot develop 
significant tangential stress.   The shroud is not split in the LVF  design 
because the seal face would have to run over radial discontinuities.   These 

f discontinuities, if present, would have provided axial leakage paths and 
also could cause deterioration of the seal. 

<<j 

The growth of the shroud is caused by the centrifugal force and 
tLei mogradiento   The blades attached to the shroud and disk prevent the 
shroud from expanding as if if were a free rotating ring subjected to a 
therniogradient.   The shroud being a thin ring and the disk being solid 
would result in differential growth if it was not prevented by the blades. 
The required restraint results in a tensile stress in the blades, addition- 
al radial stress in the disk, and local stress in the shroud.   To decrease 
the growth of the shroud from centrifugal force, material was removed 
where it was not required for strength by adding a groove in the shroud. 
The thermal growth of the shroud was reduced by water cooling the housing 
that surrounds the shroud, thereby cooling the shroud and seals.   (Figure 
3.4. 1)  Additional bending moments are applied to the shroud from the 
seal and from the pressure differential between the inlet and exit side of 
the disk.   These bending moments made it necessary to perform an 
elastic composite analysis of the shroud and blade. 

The geometric shape of the shroud is designed to prevent bending 
moments from being applied to the blades and to minimize twisting of the 
shroud caused by centrifugal force and thermogradients.   The shroud is 
designed with its center of gravity coinciding with the center of gravity 
of the blades and disk.   The shroud has heat added on the inlet side from 
the seal and therefore has a significant local temperature increase of the 
surface and an increase in average temperature of the seal face side of 
the shroud.   In order to cool the hot side of the shroud, minimizing the 
thermogradient. the inlet side of the shroud will have fins added.   With- 
out provision being made to obtain an equal average temperature of the 
two sides of the shroud, the difference in radial growth would applv 
bending moments to the blades and would result in the shroud twisting, 
causing excessive seal leakage.   The analysis necessary in this area is 
int complete.   The sue and number of fins necessarv to reduce the 

i!n rniogradient will be established in the final phase of this report. 
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3.4.2   Disk Stress Ana lysis 

The rotating, disk carries the blades in a centrifugal force field 
wh.le the disk is subjected to radial and axial thermogradients and 
external bending moments.   The LVF turbine does not experience 
extrem" radial thermogradients; however, the sides of the disk and shroud 
are used as sealing surfaces requiring the minimization of disk deflections 
to assure proper running clearances between the seal and disk.   The seals 
apply bending moments to the disk and shroud.   Also, bending moments 
can be experienced from axial thermogradients if the thermogradients are 
allowed to be extreme,. 

The disks reviewed for this application are:   (1) the constant stress 
disk. (,2) the hvperholic disk. (3) the conical disk with a hole, and (4) the 
conical disk without a hole.   These disks are all discussed in Reference 
3.4.1, but a hri> 1 * xplanation is as follows. 

The disk of uniform strength us defined as one in which the radial 
stress. IV   ,   and the tangential stress, (fa.  are equal and have the same 
value at all radii.   This type disk has a thick hub and a thin rim.   As a 
result the disk was not considered desirable in the LVFT concept because 
of the bending moments j( *he rim and the potential vibration problem at 
the rim because of diametral m   ,<:,s.   The hyperbolic disk, which has a 
thick bore and a thin rim. could be designed to work in the LVFT application 
and is simplest to analyze. 

The conical disk with a h>  .> is similar to the hyperbolic disk with 
the exception that the rim is inherently thicker with conical sides being 
less costly to machine.   The hole, however, would require a mechanical 
attachment to the shaft, such as a shrink fit,.   The disk design which has 
a continuous conical section with no hole in the bore was selected for the 
LVFT application because it retained the disk and the shaft centers co- 
axial.   Also, the disk does not depend on a shrink fit nor require the align- 
ment of a Gleason spline era through-bolt.   The use of a conical disk 
without a hole allows the shafts to be welded to the disk and machined 
with accurate normality and concentricity to each other and the seal 
rubbing surface. 

The disk stress analysis provides the tangential and radial stress 
as well as the deflection as a function of radius.   The average stress is 
computed for «valuation of rupture. 

3.4.3    Turbin«  Casing 

Th<' LV F  turbine operating conditions are not extreme.   This 
allows tin  dt -UM proc< riures to follow standard steam turbine design 
nractic« -   T1   r« tore, itie casing design is based on ASME pressure code 
ii cornm« i'iaM ms   where applicable, and in addition materials and 
labrieatmn techniques are chosen for their economy and reliability. 
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Where the turbine design is unique is the close running clearances 
between the seal face and disk, the exact  normality relationship between 
the integral shaft and disk, and the required p v allelism between the disk 
and the seal face.   These features are more critical to the LVFT's func- 
tion than in normal steam turbine design. 

The casing includes ribs that reduce deflection and provide addi- 
tional support stiffness. The casing is designed in an axially symmetric 
manner, providing the necessary normality between the walls that define 
the running clearance between seal and disk. The casing can be assembled 
conveniently, aligned, and shimmed, obtaining the required clearance in 
the critical areas. 

The temperature of the inlet side of the casing is generally higher 
than the exit side.   This could cause distortions of the casing because of 
the difference in radial thermal growth.   In order to reduce this tempera- 
ture difference to an acceptable level, water cooling will be added in the 
area of the inlet side below the lower seal, the object being to obtain equal 
radial expansion of inlet and exit casing.   The final ihermal investigation 
and design is to be determined later in the final analysis. 

The ribs and symmetric design of the casing provide   a structure 
that is not expected to distort from the predicted thermogradient of 
Section 6.2.5.     The local skin temperatures in the hot gas areas, such as 
the inlet nozzles, are not expected to distort the casing because they are 
only applied in a local area. 

The design condition was selected as 140 psi and 430 F, the maxi- 
mum inlet pressure and temperature experienced in the system.   The 
casing does not opeiate at this pressure in noi mal circumstances, but 
could inadvertently approach this value if ihe exhaust became restricted 
or the seals failed. 
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3. 5    MECHANICAL DESIGN 

The LVF turbine is designed to provide .) reliable test unit with 
predictable aerodynamic characteristics and sufficient structural stability 
that critical clearances can be held with confidence     This goal is obtained 
using standard commercial hardware, when available, and commercial 
material and fabrication techniques.   The preliminary design is shown in 
the included drawing entitled "LVF Turbine"     The aero/thermal, heat 
transfer, vibration and stress considerations in the design have been 
discussed in Sections 3 0 and 6. 0 ol this report 

Franklin Institute Research Laboratories (FI.RL) was subcontracted 
to design the three controlled-leakage seals and to specify the design 
criteria for the journal and thrust bearings necessary to provide the 
stability and alignment required for the successful operation of the pro- 
posed controlled-leakage seals.   The preliminary design of the controlled- 
leakage seals and bearing design criteria is submitted in compliance 
with the subcontract agreements and is presented in Sections 3. 5. 1, 
3. 5. 2   and 3. 5. 3 of this report. 

Section 3. 5.1 describes the analysis and design of steam-lubricated 
seals investigated for the LVFT test unit.   The seals are subjected to sur- 
face speeds of approximately 75,000 fpm and up to 100 psi pressure differ- 
ential. Proper performance of the seals is vital to overall turbine per- 
formance    A sectored fluid-film seal that uses a hydrostatic steam 
secondary seal was found to be the best configuration.    A rolling diaphragm 
secondary seal arrangement was also considered promising for low tem- 
perature stages. 

In addition to the seal analysis and design,  FIRL sized the water 
lubricated journal and thrust bearings for support of the turbine rotor. 
Tilting pad bearings were selected for both radial and axial support of the 
rotor.   They were selected because of proven performance and anti-whirl 
characteristics. 

The thrust load on the thrust bearing is established by the radial 
position of the third seal and the pressure distribution under the seals. 
The thrust must be controlled to a specific value without reversal. 

3. 5 1      Discussion ot Controlled Leakage Seal 

A fluid-film seal consisting of individual circumferential 
sectors offered the best compromise ot accomplishing an effective seal 
and simultaneously accommodating casing *.o ro'or misalignment and dy- 
namic motions of the rotor.    Thermal distortions are also minimized 
with the sectored configuration 
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Because fluid lilrr. stiffness on an individual sector is low, it is 
(necessary that the secondary seal arrangement be nearly frictionless and 

be capable of compensating for toice and momi'n' unbalance 

(The preferred secondary seal tone ppt consists of supporting the 
individual sectors by hydrostatic bearings Each sec'or is pre-loaded by 
the high pressure fluid against a steam lubricated hydros'a'k bearing 

?The hydrostatic bearing film thickness can be adjusted to very small values 
by proper flow control     Thus, leakage is minimized and stillness can be 
made very large while simultaneously accomplishing the necessary friclion- 

Iless support.   By utilizing steam (at ambient temoerature) as the hydro- 
static fluid the sector is in nearly perfect thermal equilibrium.    The sec- 
tors are held together by a soft garter spring, whi. h does not inhibit re- 

j lative axial motion of the sectors with respect to one another 

The primary drawback with using steam as the hydrostatic fluid 
for the secondary seal is that the required supply pressure (upstream of 
the restriction) will be greater than the turbine inlet pressure.   Thus, a 
separate source of pressurized steam is required    The flow however, is 
very small so tha' total losses to the steam cycle would probably not be 
significant    1! is also possible to use wa'er as 'he hydrostatic lubricant, 
but. then thermal complications are introduced, because to maintain the 
water in the liquid state if must enter at a much lower temperature than 
the ambient steam 

Dynamic analysis determined that a 15 degree sec tor with a hydro- 
static piimary face configuration would operate with a runout of . 001 TIR 
without difficulty.    The limit of runout was not esiablished.    A 30 degree 
sector will >. )t follow collar nutations.    It is possible that a hydrodynamic 
profile on a 15 degree sector could opera»e, but this has not been ana- 
lytically determined. 

Tilting-Pad bearings were selected for both radial and axial 
support of the rotor    They were chosen because ot prover performance 
and anti-whirl characteristics 

The primary accomplishment ol 'he FIJRL Program was to screen 
both primary and secondary seal candidates,   ind establish a basic config- 
uration that shows excellent promise     To get to this stage required a 
considerable effort, and woik remains in tinah/ing the design and es- 
tablishing perfoimance over the complete1 operating range     The ready 
availability ol the basic configuration and analytic al tools will allow final 
design to be expeditiously completed 
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I Performance Summary of Typk.il Seal (Peal 1; 

film thickness,  * 1 mil 
I gap film thickness = 1 mil 
j axial load, Wp = 99. 5 lbs/sector 

primary leakage -   Ö369 lbs/sec (tola]) 
gap leakage - 0 C081 lbs/sec (ro'al) 
friction horsepower - 2 75 HP iota] 
film stiffness = 17, 000 lbs/in /sector 
sealed fluid pressure - 95 psja 
ambient pressure = 2 psia 
shaft speed • 12,000 rpm 
secondary film thi< kness - 0.0002 in 
secondary load * 387 lbs/seuor 
secondary leakage =   0020 lbs'sec (total) 
secondary supply pressure - 250 psia 
secondary stiffness - 103,000 lbs/in /sector 

3. 5.1.1    Choice of Sectored Cone ept 

The fluid-lilm seal employing hydrostatic or hydrodynamic inter- 
face geometries are finding acceptance in a variety of applications    Al- 
though the state of the ari is very recent, much of the fundamentals are 
contained in well founded lubrication theory, and the advantages of the fluid 
film are very obvious.   They can contain leakage and lriction loss to very 
small and someMu^es negligible values and the fluid film prevents rubbing 
contact, so that theoretically, infinite lifo is projected.   The basic prin- 
ciple differs from that of an ordinary face seal in that the fluid film has 
positive stiffness.   Closure of the film will inc rease fluid film capacity, 
while opening of the film will cause a reduction in load capacity,   Then, 
seal rings of properly proportioned mass and inertia can track motions 
of the rotating member, so that the fluid film is always interposed between 
the opposed surfaces 

For the turbine application proper seal tracking is of prime 
importance since the large diameter high speed ro'or, supported on fluid 
film bearings, could have relatively large excursions from the perfectly 
aligned system.   In order to insure in-phase following of the rotor, sec- 
tored seals were selected because of their superior tracking capability 

3.5.1.2     Problem Areas 

There are two major problems con< ern..-i with the sectored seal 
These are: 

]. (1)   to determine mass, inertia, and fluid film charac - 
■ teris'ics so that the seal will accomplish its primary 

mission ol following the runner with a thin film be- 
1 tween 'he opposed surfaces 
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(2)   to determine a set tor support means 'hd' will allow 
free and independent movement of the sectors, while 

| simultaneously maintaining initial alignment 

Problem 1 is complicated by the non-linear and time dependent 
characteristics of the primary fluid lilm     Computerized analysis that 
couples the governing gas lubrication equation with the dynamics of the sys- 
tem is the only accurate method available     Application oi this technique to 
a variety of configurations established those that would prove acceptable in 
service. 

The second problem (2 above) arises because the steam film in- 
terface has limited stiffness and to insure mobility, the sectors must be 
supported in a practically frictionless manner     In addition, thermal dis- 
tortions of the sector must not be so great so as to deleteriously influence 
the primary film geometry, which will be   001 inch or less in magnitude 
The use of a steam hydrostatic bearing as the secondary seal could best 
meet the requirements of frictionless support and thermal equilibrium. 

A problem with many hydrostatic gas bearings is a phenomenon 
known as pneumatic hammer     It is a violent chattering ol the opposed sur- 
faces, and results from the compressibility of the fluid introducing out-of - 
phase responses.   To avoid pneumatic hammer, i1 is necessary to resort 
to very shallow recesses, or else eliminate recesses altogether and feed 
directly into the film     The restrictor then becomes the cur'ain area sur- 
rounding the recess, with depth equal to the film thickness.   The restrictor 
area changes with the film thickness in a manner that helps reduce com- 
pressibility effects    As the film reduces, inlet Jlow is reduced, and as 
the film increases, inlet flow is increased.   Actually, the analytical model 
described above is somewhat simplistic; the entrance effects accompanying 
external flow into a boundary layer can become very complex and it has 
been only very recently that some true pic ture of the problem has been 
evolved.   The situation has really not been properly handled in bearing 
theory, and some emperical development is usually required when apply- 
ing inherently compensated hydrostatic bearings. 

Another problem area remaining,  with ihe hydrostatic secondary 
seal, is start-up    If the pre-load is applied prior to energizing the hydro- 
static secondary seal, there is a strong possibility that the hydrostatic 
bearing will not lift     At start-up the high-pressure only acts at the inlet 
holes, and a heavy closing load will not permit the steam to escape through- 
out the bearing area.   The high pressure1 throughout the relatively small 
area of the inlet holes will not provide tne necessary balancing force.   To 
overcome this problem, it will probably be necessary to energize the second- 
ary seals prior to allowing turbine inlet steam to enter 

The hydrostatic geometry of the primary seal will no» have any 
hydrodynamic capacity     Thus. i! pressure is lost while rotating,  fluid 
stiflness will be lost and there will be danger of contact     The solution to 
this problem lies in providing material combinations that can .\ cept 
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momentary light-load, high speed rubs, or by installing an added hydro- 
dynamic proiile that will react at tight films 

3. 5 1.3    Interface Geometries Considered 

The ideal geometry for the interface is (he one (hat provides 
optimum stiffness at the operating condition,   A number of configurations 
were examined including hydrostatic, hydrodynamic, and hybrid which is 
a combination of hydrodynamic and hydrostatic     The sector size, radii 
and pressure were fixed and performance evaluated as a function of the 
interface geometry     Figure 3. 5.1   shows the various sector face configur- 
ations and operating conditions analytically examined.    Figures 3. 5. 2, 3. 5. 3, 
and 3. 5.4 show steady state performance as a function of film thickness, 
Based on a compromise of stiffness (slope of load is film thickness curve, 
Figure 3 5. 2), leakage and friction horsepower loss, the orifice fed hydro- 
static sectored seal is favored    The hydrostatic seal was the original 
selection and further studies were made to establish more detailed perform- 
ance.   Comprehensive performanc e of the hydrostatic seal was developed 
including the effects of angular tilts about the central axes.   The studies 
proved that: 

(a) Fluid film stiffness is adequate to insure sector 
motion 

(b) Angular tilts of the seal collar will reduce or in- 
crease loading on the individual sectors, sufficiently 
large to allow compensatory axial movements of 
the sector 

Dynamic studies indicated that the hydrostatic seal would accu- 
rately track motions of the collar if the sector size was limited to 15 
degrees.   The results of these studies are discussed in Section 6 5.1  3. 

The reason for the superior performance of the hydrostatic seal 
can best be explained by examining the pressure distribution across the 
face.    For the step configuration, high pressure acts across the step with- 
out significant pressure drop.   Closure of the step does not materially in- 
crease the step pressure with the result that stiffness is small.   A face 
seal, which merely incorporates a plain flat surface has zero stiffness. 
The pressure distribution for this configuration is shown on Figure o, 5. 5. 
A properly designed orifice compensated seal will have a pressure dis- 
tribution lying somewhere between the flat plate and step seal     The 
pressure at the orifice can appro.n h the high pressure when the clearance 
is sealed. 
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SEAL    SECTOR    FACE   CONFIGURATIONS 
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SECTORED   SEAL   CONFIGURATIONS 
LOAD     VS.    FILM   THICKNESS 
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SECTORED    STAL    CONFIGURATIONS 

FLOW     VS.   FILM    THICKNESS 
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3.5.1.3.1 Hydrostatic 

The preferred secondary seal consists of a steam hydrostatic 
bearing as shown on Sheet 5 of Section 10. 0.   It contains many small, shallow 
recesses interspersed throughout the bearing area.    The individual recesses 
are fed through orifice restrictors to provide the necessary stillness for the 
hydrostatic secondary seal.   The high pressure side ot the seal provides a 
strong pre-load that forces the sectors against the hydrostatic bearings.   A 
garter spring also provides some pre-load and holds the sectors in position. 
An axial spring insures closure of the sectors at standstill, and prevents 
seal opening in the absence of hydraulic pressures.   Since the circumferen- 
tial area subjected to the high pressure is greater than the available area 
for the hydrostatic secondary seal, the average pressure in the secondary 
seal must be greater than the high pressure of the sealed fluid.   Also, a 
pressure drop is required across the orifice restrictors to provide stiffness 
in the hydrostatic film.   Thus, the supply pressure (upstream of the orifice) 
must be considerably greater than the pressure of the fluid being contained. 
In the normal operating condition, it was determined that this pressure must 
be greater than the turbine inlet pressure, and thus an auxiliary source of 
steam supply would be required. 

The concept of employing a noncaptured, but pre-loaded hydro- 
static bearing permits operating with very tight clearances, without the 
necessity to machine to tight tolerances, or be overly concerned about the 
effects of thermal expansions of the component members.   The film thick- 
ness is self adjusting to load and inlet flow, and also can be externally 
adjusted by varying supply pressure.   The hydrostatic film is extremely 
stiff and will not permit significant misalignment of the sectors due to 
force and moment unbalance. 

3.5.1.3.2 Rolling Diaphragm 

The basic configuration is shown on Figure 3. 5. 6. 

L shaped sectors oi 30° increments are held in place by non- 
interrupted rubber diaphragms that permit relative motion between adja- 
cent sectors.   The rolling diaphragms automatic ally compensate for sector 
movements that tend to upset the originally designed force and moment 
balance applied to the sector.    For example, a radial movement of a sec- 
tor causes the diaphragms to locally roll so that the area contained within 
the diaphragm in the displacement direction increases, while the opposite 
side decreases.   A net restoring force is then applied to the sector.   The 
same is true with respect to pitch movements (pitch axis normal to cross- 
section shown on Figure 3 5. 6) and moments.   A loose fitting guide pin 
also helps contain the sector and limits motions primarily to the axial 
direction. 

The rolling diaphragm configuration was very seriously con- 
sidered as a prime candidate, but the ability ol the Viton rubber to with- 
stand a 450° F steam environment was questionable.    External cooling 
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couJd be provided but this would unduly compile ate the overall system, and 
destroy a prime advantage of simplicity of the original arrangement.    It 
could still be applied to seals when the temperature levels are not excessive. 

3. 5. 2  Journal Bearings 

The journal bearings are the three-shoe, pivoted-pad type, with 
the top shoe spring-loaded to accommodate thermal and centrifugal 
expansion of the shaft.   The 1, 200 lb pre-load provides an adequate 
stiffness in all directions at the operating position.   The pre-load is 
provided by a cylindrical piston which applies a pre-load gradually 
until the maximum load is obtained when the machine attains speed. 

In conjunction with the pre-load cylinder, a monitoring pickup is 
installed in the bearing housing for measuring the movement of the cylinder. 
This measurement provides a continuous indication of the lubrication film 
thickness.   The measurement is made with a Bently-Nevada pickup install- 
ed on the cylinder cap. 

The journal bearing was analyzed on the basis of laminar theory 
and corrected for turbulence using information in the literature.   Turbu- 
lent corrections were also made using FIRL's computer program.   There 
is ample safety margin with respect to load capacity, and turbulence 
will further improve the load capacity. 

3.5.3   Thrust Bearing 

The thrust bearing is the pivoted-pad type.   It is a completely 
captured bearing with eight pads on each bearing surface.   No turbulent 
corrections were made to the thrust bearing load capacity because it 
was difficult to find reliable information.   There is en ample safety 
margin with respect to load capacity and turbulence will further improve 
load capacity. 

3. 5, 4  Thrus^ Loa^JBal^nce 

The LVFT design has three seals that exert forces on the disk, in 
addition to the force caused by the pressure differential across the blades 
and disk.   These forces are balanced to within 50 to 400 pounds over the 
operating range of the machine.   This thrust load established the capacity 
of the thrust bearing and insures against thrust reversal.   The required 
balance and positioning of the third seal is based on the pressure distri- 
bution under the controlled-leakage seal face.   The pressure distribution 
information was provided by FIRL and is discussed in Section 3. 5.1. 

3. 5. 5  Steam Wetness 

The design point exhaust condition for the LVF turbine was 
chosen to allow a small amount ot steam wetness at the exit of the turbine 
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rotor.   The wetness, caused by an isentropic expansion, was reported in 

I Section 5.0 as 2. 5 per cent and the actual wetness at the turbine exit, 
I including frictional effects, was calculated to be 0. 73 per cent.   This wet- 

ness could cause severe operational difficulties if it were to contact the 
- sealing surface on the turbine exit.   Analysis of the steam flow in the 
I area of the rear seal was performed to evaluate the possibility of such 

an occurrence. 
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4.0 INVESTIGATION 

Prior to this preliminary design phase, Barber-Nichols Engineering 
Company conducted a performance study program of this turbine concept. 
This study evaluated the performance potential for the L V F turbine and 
compared it to conventional or existing turbine performance values»   This 
effort was performed under Contract No. DAAKO-2-67-C-0364 and the 
results are presented in detail in the final report, "Low Volumetric Flow 
Turbine Performance Prediction and Analysis", AD No„ 831635L.   The 
following conclusions were reached as a result of this study and are 
reiterated here for convenience. 

1. The turbine concept using conventional labyrinth seals as 
shown in theLVFT patent disclosures does produce high 
efficiencies under high volumetric flow (high specific speed), 
but does not provide efficiencies higher than conventional 
turbines in the low volumetric flow regime (low specific 
speed) because of high leakage losses through the labyrinth 
seals. 

2. The high efficiencies predicted for the LVFT concept in 
the high volumetric flow range can be extended to the low 
volumetric flow range by replacing the labyrinth seals 
with gas bearing type seals.   The use of this controlled 
clearance type of seal will greatlv reduce the bypass leak- 
age which is the major reason whv performance falls off 
at the low volumetric flows. 

The tasks investigated under the current preliminary design effort 
are outlined as follows: 

1. Parametric analysis of the steam inlet, exhaust, and 
power level of the turbine was performed in order to 
select the design conditions that would provide a test 
vehicle in the low volumetric flow range where the per- 
formance improvement of this turbine concept over 
conventional design should be apparent. 

2. Perform preliminary evaluation of potential gas bearing 
seal concepts, review efforts of other investigators and 
select the most promising gas bearing seal design 
configuration.   Analysis was then performed in seal 
concept to provide static and dynamic performance. 

3. Design water lubricated bearing system to support 
turbine rotor covering radial and thrust loads. 

4. Perform detail aerodynamic and performance analysis 
including detailed geometry of aerodynamic passages. 
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5. Perform thermal and stress analysis of complete 
turbine structure. 

6. Complete the preliminary design layout including 
sections of critical components and areas needed to 
fully clarify the design concept. 
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5.0 DESIGN PARAMETERS 

This section presents the basic design criteria and parameters 
upon which the design of the L V F turbine is based. 

The aerodynamic design of the LVF turbine concept conforms to 
the criteria as set forth in the RFQ DAAK02-69-Q-0Q72 issued by the 
U. S. Army Engineer Reactors Group, Fort Belvoir, Virginia, in July, 
1968.   Barber-Nichols Engineering Company responded successfully to 
this RFQ after completing a preliminary design study of this low volu- 
metric flow turbine design as presented in the report of Reference 5.0.1. 

Two approaches to the design of the "Low Volumetric Flow Turbine 
were considered.    The first approach is a single stage turbine using 
the design concepts described in the LVFT report.   (Reference 5.0.1) 
The second approach considered was a two stage turbine, the first 
stage design based on the LVFT concept and the second stage a conven- 
tional full admission axial turbine.   The selected design is presented in 
the design section of this report,. 

The reason two design approaches were considered results from the 
total head drop available when expanding the steam from the conditions 
specified in RFQ DAAK02-69-Q-0072.   If this expansion is taken in a 
single stage, the rotor tip velocity required for optimum efficiency will 
re approximately 1,800 ft/sec.   This is a high value and results in 
highly stressed rotor parts due to centrifugal forces.   However, it is 
well within the art for the temperatures involved and can be accomplished. 
Turbines have been designed that operate with tip velocities of 1,980 ft/ 
sec at inlet gas temperatures of approximately 1,900°F.   On the other 
hand, if a two stage machine is considered, where the head drop in each 
stage is approximately one-half the overall, the resulting tip velocity is 
on the order of 1,250 ft/sec which will result in much higher reliability 
and longer life.   Also, at 12,000 rpm, the specified operating speed, 
the diameter of a two stage turbine will be 2.0 ft compared with 2.9 ft 
for the single stage.   The two stage turbine will possibly be lighter than 
a single stage design because of the smaller diameter and lower stressed 
rotors.   Since efficient sealing of the rotor is "ssential to achieve the 
desired efficiencies with the NPFO turbine concept, it should be noted 
that the two stage approach offers significant advantages for sealing. 
Because the diameters to be sealed are smaller, this results in smaller 
leakage areas and less chance for distortion of the rotor seal geometry. 

Both designs are based on the performance requirements specified 
in RFQ DAAK02-69-Q-0072.   These requirements are 

Turbine inlet steam temperature - 430°F 

Condenser pressure -   12.3 psia 
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Turbine rotor speed, counterclockwise 
when viewed from the shaft end = 12,000 rpm 

Turbine net power output = 800 HP 

The turbine inlet design point pressure was selected on the 
basis of a Rankine cycle efficiency analysis.   Several values of steam 
superheat were evaluated at a  constant steam temperature of 430°F. 
The purpose of this analysis is to show the effects of turbine nozzle 
exit steam quality on turbine efficiency.   For each percent of con- 
densed water at the nozzle exit, the turbine efficiency will be reduced 
by approximately 1-1/2%.   It is important, therefore, when selecting 
the design point pressure that the expansion process does not enter 
too far into the wet region thereby significantly reducing turbine 
efficiency. 

For a given inlet temperature, the amount of superheat cannot 
be increased significantly by reducing turbine inlet pressure because 
of the detrimental effects on overall cycle efficiency.   To illustrate 
this point, several inlet pressure levels were evaluated and cycle 
efficiencies were calculated based on the effects of steam quality at 
the nozzle exit (rotor inlet).   Figure 5<,0.1 shows the results of this 
analysis.   The shaded portion of the curve shows the range of inlet 
pressures which were investigated during the preliminary design 
phase of the contract.   The turbine design was optimized at a design 
pressure level tc give the maximum turbine and cycle efficiency at 
the design pressure and temperature while maintaining steam quality 
levels consistent with long life from erosion considerations. 

The two turbine design approaches examined during this study 
effort ai j based on the specific design point shown in Figure 5.0.1, 
that is, an inlet pressure of 200 psia and an inlet temperature of 
430°F, and 50°F of superheat. 

I Design Approach - 1 

This design uses a single stage with partial admission.   The 
basic concept will be the same as described in Reference 5.0.1. 
The turbine tip diameter is 34 inches with an overall turbine length 
of approximately six inches.   The design uses three hydrostatic 
seals, two at the rotor inlet and one at the rotor exit.   Due to the 
relatively high specific speed,  Ng      19.7.  Figure 18 in Reference 
5.0.1 shows that a larger seal clearance can be used without 
degrading turbine performance to any great extent.   This greater seal 
clearance will still show improvement over a conventional partial 
admission turbine and allow for reduced seal manufacturing toler- 
ances.   The effective seal clearance could be as large as .00429 in. 
with a seal length of 0. 25 in. 
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The turbine disk is vented to the condenser pressure to mini- 
mize disk friction losses by reducing the fluid density surrounding the 
diskc 

Figure 18 in Reference 5.0.1 shows that a turbine efficiency of 
% can be expected for this design; however, correcting this efficiency 

for the losses due to expansion into the wet steam region, an actual 
efficiency at this design point is estimated to be 76%. 

The tip speed of the turbine operating at 12,000 rpm is 1.790 
ft/sec which is within the state of the art. but is on the high side.   For 
this reason, a r iaged turbine design is considered. 

Design Approach - 2 

A two stage turbine design was evaluated.   The two stage design 
will result in reduced tip speeds, simplified seal development due to 
reduced seal circumference and possible weight reductions over the 
single stage design. 

The inlet design point for the two stage turbine is the same as 
for the single stage design.   The first stage design will be similar to 
the single stage design discussed previously and will utilize the LVFT 
concept.   The second stage design is a conventional full admission 
axial turbine because the higher specific speed of the second stage 
(30 to 40) shows that there will be only a small advantage in increased 
efficiency due to the LVFT concept.   Conventional seals can be used 
on the second stage which reduces development and production costs. 

A significant reduction in tip speed and diameters is obtained 
by the two stage design.   The reduction in diameter lowers the tip 
speeds to a level where blade stress problems are insignificant.   The 
table shown below gives the pertinent stage characteristics. 

PRELIMINARY TWO STAGE DESIGN PERFORMANCE 

Stage Ns 
^T Dia. in. 

Tip speed 
ft sec Type 

1 

2 

17.3 

32.4 

.81 

.75 

23.6 

20.4 

1240 

1070 

LVFT concept, par- 
tial admission 

Conventional, full 
admission, axial 
flow 

The effective overall efficiency of the two stages is .787. 
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Preliminary analysis of the two stage turbine design point selec- 
Ition was based on turbine wheel diameter, cycle efficiency, and exit 

steam quality and stage pressure drop split. 
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Figure 5.0.2 shows cycle efficiency versus turbine inlet pressure 
for three different pressure drop splits.   The pressure drop split is 
defined as the fraction of the total turbine pressure drop (Pjnjet - 
Pexhaust)  taken in each stage.   Figure 5.0.2 shows that cycle effi- 
ciency levels off at about 220 psia and only a three point increase in 
efficiency occurs when increasing inlet pressure from 100 to 220 psia. 

Figure 5.0.3 shows the variation of turbine stage diameter with 
inlet pressure.   This curve is based on a   U/C    = .65    for Stage 1 
and .48 for Stage 2 for optimum stage efficiency and a turbine speed of 
12.000 rpm. 

A major design criteria in the selection of the design point is 
the degree of wetness in the stage exhaust steam.   The hydrostatic 
seals which will be used in Stage 1 of this design require dry steam as 
the sealing medium and condensation in this steam will cause serious 
seal problems.   Therefore, in selecting the inlet pressure and pressure 
drop split, the wetness of the exhaust steam must be considered.   For 
a pressure drop split of one-half in Stage 1 and one-half in Stage 2, and 
an inlet pressure of 140 psia, the exit steam will be in the superheat 
region.   Higher inlet pressures result in wetness Stage 1 exit steam. 
Figure 5.0.4 shows the first stage nozzle exhaust steam quality as a 
function of inlet pressure. 

In conclusion, the design point selection was based on consid- 
eration of the cycle efficiency, turbine diameter, stage pressure drop 
split and exhaust steam quality.   Figure 5.0. 5 shows the preliminary 
thermodynamic and performance data for the design point based on 800 
HP. 

The low specific speed   (Ns = 22.4)   of Stage 2 was the cause 
of some concern of whether this stage could be full admission. 
Investigation of the Stage 2 nozzle configuration showed that the nozzle 
exit area would be 35.2 in2, resulting in a nozzle height of 0.475" for 
a full admission stage.   This nozzle height is considered to be reason- 
able for ease of manufacture and it was concluded that a full admission 
stage is practical. 

A basic decision was made at the conclusion of the preliminary 
two stage turbine analysis that all future investigations and design on 
this program should be concentrated on Stage 1.   The decision was 
based on the fact thaf the major objecthe of this program is to prove 
the validity and performance Potential of the LVF  turbine concept. 
Little gain would be realized from the design of the second stage 
conventional full admission turbine since no advancement in the statt 
of the art is anticipated. 
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i 

FIGURE 5.0.5 

DESIGN POINT SELECTION PARAMETERS 

PARAMETER STAGE 1 STAGE 2 

Inlet pressure, psia 140 76.2 
Exit pressure, psia 76.2 12.3 
Inlet temperature, °F 430 330 
Exit temperature,  °F 330 205 
Exhaust steam qualitv. % Superheated 91.5 
for isontropic expansion 

Stage efficiency corrected 81 69.. 8 
for exhaust steam quality, % 

Stage work. BTU/lb 43 93 
Turbine speed, rpm 12000 12000 
Wheel pitch diameter. in. 20.2 23.6 
Velocity ratio,   U/C0 0.65 0.48 
Specific speed.  Ns 20.3 22.4 
Turbine type LVFT Config. Full admission 

axial flow 

J 
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A preliminary analysis on a single stage turbine was made to 
(select the design point which would meet the following design criteria. 

1. Turbine inlet temperature of 430 F maximum. 

| 2. SpeciJic speed of approximately 17 at 12,000 rpm. 

3. No specfic turbine inlet pressure. 

4. Stage horsepower output approximately 450. 

5. No restrictions on stage exhaust pressure. 
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Another requirement considered in selecting the design condi- 
tions is the quality of the steam in the turbine and particularly the 
quality of the steam that feeds the hydrostatic seals.   It is desirable 
that this steam be superheated and contain no moisture.   This is 
important because the hydrostatic seals are actually a special type of 
gas bearing.   Gas bearing performance when operating on wet gases 
presents several unique problems.   Therefore, it will be prudent to 
choose a design condition that provides dry steam if possible.   The 
other consideration is e osion in the turbine passages as a result of 
water droplet impingement.   This problem arises when droplets strike 
the leading edges of rotor or stator vanes.   Moisture in the exhaust of 
any one stage is not detrimental, with respect to erosion, to that 
particular stage so the only concern is to maintain dry or nearly dry 
steam entering the rotor of the LVF turbine. 

Since dry steam or at least low moisture content in the exhaust 
is a design goal, it was decided that the turbine inlet temperature 
selected should be the maximum of 430°F.   The turbine specific speed 
was then selected to be 17. 5 since this value is in the range where the 
LVF   turbine concept can provide a significant improvement in perform- 
ance over conventional turbines and yet the seal clearance and other 
parasitic losses are not as critical as when a lower specific speed is 
selected. 

Using a turbine inlet temperature of 430°F and a specific speed 
of 17.5, output power, rotor tangential velocity and steam quality 
were analyzed as a function of turbine inlet and exhaust pressure. The 
results of this analysis are shown in Figures 5.0.6, 5.0.7. and 5.0.8. 
Figure 5,0.6 shows turbine output horsepower as a function of exhaust 
pressure for different inlet pressures     Figure 5.0.7 shows tangential 
velocity as a function of exhaust pressure for different inlet pressures. 
A design tangential velocity of 1.250 it  sec was selected and appears 
as the dashed line of Figures 5.0.6 and 5.0.8.   This tangential velo- 
citv of 1,250 ft sec was selected on the basis of rotor stresses and 

I strain under operating conditions.   It is important in the LVF tur- 
bine concept that the hvdrostatic seals perform properly.   This will 
require that the sealing surface remain as true and flat as possible 
at the operating speed of the rotor,therefore   a low stress wheel 
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I 
I 

is desirable.   It is felt that the 1.250 ft/sec design meets this goal. 
It can be seen in Figures 5.0,6 and 5.0.7 that if the 1;250 value is 
lowered further, this increases the exhaust pressure for any given 
inlet pressure which in turn lowers the output horsepower.   Therefore 
the selected value of 1 250 ft/sec is felt to be the most desirable 
value. 

Figure 5.0.8 shows moisture or witness in the exhaust steam 
as a function of exhaust pressure for several inlet pressures.   The 
dashed line represents the 1.250 ft/see tangential velocity.   At inlet 
pressures up to 140 psia, the wetness is approximately 3% or less for 
the lj250 ft/sec design and the moisture should not cause erosion 
damage.   This wetness must be kept away from the one hydrostatic 
seal on the exhaust side of the rotor.   Provisions will be incorporated 
in the design to ensure that the moisture does not come into contact 
with this seal.   The steam condition in the inlet side of the rotor is 
superheated for all conditions along the dashed line so moisture in 
these seals or rotor vane erosion is not a problem. 

The preliminary Stage 1 turbine design criteria selected at 
140 psia inlet pressure and 1.250 ft/sec tangential velocity are 
summarized below 

Inlet temperature, T0      = 430 °F 

Inlet pressure, P0 =  140 psia 

Exhaust Pressure. Pexh =  50 psia 

Design speed   N =12 000 rpm 

Tangential velocity   U     =  1,250 ft/sec 

Velocity ratio   U/C =  ,60 '    o 

Horsepower ^ 400 - 450 

It should be noted that a turbine designed for this 140 psia inlet 
pressure will be at design all along the dashed line of Figure 5.0.6 
and 5.0.8. 
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I 
6.0  DESIGN 

I The preliminary design of the L V F turbine test unit used for an 
evaluation of the performance of the control led-leakage seals and aero- 

I dynamic passages of the LVFT concept is presented in detail in this 
J section.   The equations necessary for th*1 design analysis are included 

with justification substantiated by data where applicable.   The preliminary 
[ design effort included the design analysis of the following areas- 
i 

1. Aero-thermodvnanuc analysis of the flow passages concerned 
I with energy transfer from working fluid to rotor. 

2. Thermal analysis of rotor housing and seals required to 
determine temperature levels and gradients. 

3. Dynamic analysis of rotor and vibration analysis of disk and 
blades required to define the dynamic characteristics over 
the intended operating speed. 

4. Mechanical design of the rotor, bearings, seals and system 
establishing proper loading and functional compatibility of 
components. 

The sealing objectives are satisfied by fluid film, positive stiffness 
face seals that maintain a fluid film between opposing members and 
simultaneously inhibit leakage to an acceptable limit. 

The preliminary layout, entitled "LVF   Turbine", sheets one 
through five . provide the preliminary design and specify the critical 
dimensions and clearances. 

i 
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fi. 1 AER0-THERM0DYNAM1C DESIGN ANALYSIS 

A number of components which are critical in terms of the aero- 
dynamic operation of the LVF turbine were examined in detail to provide 
optimum performance characteristics while maintaining a structurally 
sound machine.   Rotor and stator blade shapes were defined according; to 
established practices, and the turbine rotor was designed to yield optimum 
performance while maintaining acceptable stress levels in the turbine 
blades and shroud.   This section will be primarily concerned with those 
factors affecting the aerodynamic operation of the turbine.   The mechanical 
design and stress evaluation are covered in Sections 6.4 and 6.5. 

6.1.1 Turbine Rot or Design 

The maximum turbine efficiency for a given set of inlet gas condi- 
tions can be expressed as a function of the ratio of turbine tip speed, U, 
to isentropic spouting velocity.  CQ.    The variation of turbine efficiency 
with velocity ratio was examined in Section 3.1, and for the design condi- 
tions the optimum turbine velocity ratio was 0..62.   The value of this 

I parameter was reduced to 0.60 for the design point as the lower tip speed 
results in a smaller turbine diameter, reducing the stress in the turbine 

«rotor.   The turbine rotative speed was fixed by the design specification 
at 12,000 rpm, and with the design velocity ratio of 0.60, the turbine 
diameter was evaluated to be 24. 0 inches. 

| The width of the turbine rotor was established by the width of the 
turbine blade sections, plus a small toroidal section located on either side 
of the rotor blades.   This passage was included in the rotor design since 

I the flow issuing from the nozzle blades has inherent small wakes behind 
each stator vane due to the finite thickness of the stator trailing edge. 
The toroidal section in front of the turbine rotor allows a mixing or 

f settling zone before the flow enters the rotor blades.   The passage at the 
rear of the rotor was included to balance the rotor, and does not influence 
the aerodynamic operation of the turbine.   The blade section width was 

f evaluated as indicated in the next section as 0. 625 inch, and with a toroidal 
section of 0.125 inch on either side of the turbine rotor, the total rotor 
width was established as 0. 875 inch. 

I 
6.1.2 Rotor Blade Design 

I 
The rotor blade channels were designed using an established 

method of circular arcs and straight line segments   leaving a well defined 
throat at the rotor exit.   This method allows the design of a smoothlv 
convergent flow channel with no abrupt change in cross sectional area 
which would tend to add turbulence in the flow stream.   The primarv 
consideration in the blade design was to provide optimum performance 
defined in terms of the blade velocity coefficient (VJJ)-   This parameter 
is defined as the ratio of actual exit velocity to the isentropic expansion 
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velocity, and is indicative of the operating efficiency of the blade section. 
The Made efficiency is usuallv specified in the literature as the square of 
the blade velocity coefficient.   A secondary consideration influencing the 
rotor blade design was the requirement of providing a thick enough rotor 
trailing edge,  »r ; (shown in the following sketch» to support the large 
rotor shroud. 

J5 1*. 

\ 

The effect of the rotor trailing edge thickness on aerodynamic blade 
performance is covered in this section along with other factors influencing 
blade performance   such as blade asp< c\ ratio and blade angle. 

The design mass flow rate (4.32 lb s» c) for the LVF turbine was 
established by the required output horsepower, the overall turbine effi- 
ciency   and the available »>norpy. or 

I \   'Ha0 
Turbine efficiency was established as indicated in Section 3.1 and the out- 

J put power and available energy were- specifier) in Section 5.   The total 
throat area in the turbine rotor required to set the design operating pres- 
sure through the turbine staec was established using the above flow rate 

1 and thp isentropic gas density.   The throat area determined in this manner 
■ (3.32 in*) is slightly smaller than actually required, due to nozzle friction 

increasing the gas temperature and decreasing the gas density at the rotor 
exit.   This is desirable since the throat area will necessarily be adjusted 
aft^r the machine is fabricated to provide the design degree of reaction in 
the turbine, and the throat area can be easily increased by honing the 
blade throats.   The design throat area reported herein is consequently 3 
or 4 per cent less than that actually required.   The total rotor throat 
area is that area normal to the gas stream at the rotor exit   and is a 

j function of hlade angle   trailing edge thickness, total number of blades, 
blade height and turbine pitch diameter. 

S The rotor trailing edge thickness was required to be between 
.030 and .050 inch to provide adequate1 strength to support the rotor 

I shroud.   Information obtained from Reference R. 1.1 and shown in Figure 
fi. 1. 1   indicates that this requirement is detrimental to turbine perform- 
ance; however, the magnitude of this loss amounts to about one per cent 
of the blade efficiencv.   Consequently   although a lesser edge thickness 
would be desirable   it is not felt that this requirement will significantly 
affect turbine performance. 
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The optimum rotor blade height was estal lished using information 
presented in Reference 6.1.2, In this report the optimum ratio of blade 
height to rotor diameter was presented as a function of turbine specific 
speed.   For a specific speed of 17   appropriate to the   LVF turbine design^ 
the optimum blade height to diameter ratio was approximately 0. 01, which 
for a turbine diameter of 24 inches vields a blade height oi about 0.24 inch. 
This value was taken as a minimum for the LVF turbine design. 

Test data for a number of turbine blad<> shapes was presented in 
Reference 6.1.3 and these results formed the basis for the final blade design. 

JOf particular importance in this report was the blade aspect ratio, defined 
as the blade height divided by the minimum throat dimension.   Typicallv, 
it is desirable to use the lamest practical aspect ratio for a good blade 

I design   assuming wall friction and edge losses are small, and in any case 
! an aspect ratio of at least two is required to achieve good blade efficiency. 

Since the trailing edge thickness, rotor pitch diameter, and blade 
angle were fixed or optimized for the LVF turbine   the minimum throat 
dimension at the pitch line was uniquely determined bv 'he number of blades 
used in the turbine rotor.   The blade height was then fixed by the total 
required throat area determined above.   Consequently, a greater aspect 
ratio would require a laraer number of rotor blades, increasing the com- 
plexity and cost of the turbine rotor.   The final blade number chosen was 
90   which was felt to bo reasonable from a manufacturing standpoint. 
The throat dimension was 0.129, the blade height   0.287, and the resulting 
aspect ratio was 2.23.   Nozzle velocity coefficients presented for similar 
no.'zl^s in Reference 6J.3typically exceed0.9P3 and this value was used 
in the design analysis to provide a slighüv conservative estimate of turbine 
performance. 

Another important design parameter discussed in Reference 6.1.] 
was the design blade pitch to chord ratio.   The blade pitch (s) was defined 
as the circumferential blade spacing   and the blade chord (C^) the maxi- 
mum blade length as shown in the above sketch.   Optimum pitch to chord 
ratios for blade designs with a blade exit angle of 12° ranged from 0.62 
reported bv Ainley and Mathieson (Reference 6.1.1) to 0.76 (Zweifel, 
Reference 6.1.4). to 1.10 'Howell and Carter   Reference 6J.5). Since the 
blade spacing was defined bv the number of rotor blades and the rotor 
pitch diameter, the design pitch to chord ratio generally determines the 
blade axial length (b) .   A design value of 0.75 was used lor the LVFT 
rotor blade design, resulting in a blade axial length of 0.625 inch. 

The pitch line profile for the LVFT rotor Had'1 is shown in 
Figure 6. 1.2.   Noted in this design is the blunt leading edge with an inlet 
blade angle of 90°.   Since the design operating condition of this turbine 
is with a low axial inlet gas velocity,  the 90° blade angle allows incidence 
free operation at the design point.   The bluntness of (he leading edge 
should minimize AU\ incidence loss occurring under nil' design conditions. 
Figure 6. 1.3 shows the gas stream velocity in terms of the isentropic 
mach number as a function of the developed length from the blade inlei. 
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From this figure it is apparent that the design coal for the rotor blade 
design was achieved and the gas stream accelerates smoothlv through the 
rotor blade emerging at celerity at the blade exit. 

6.1.3    Turbine Nozzle Design 

The requirement of achieving high efficiency in the Stator blade 
design is not nearly as critical for good turbine efficiency as was the 
efficiency of the rotor blades.   The effect of statnr blade efficiency is of 
the same magnitude as the effect of the stator exit angle shown in Figure 
3.1.4. and was not considered critical in terms of turbine performance. 
Generally, the same parameters were examined for the turbine no/zle 
design as were examined in the previous section and the same design 
philosophy was employed throughout.   The primary design goals were to 
provide a smoothly converging flow passage and to maintain good flow 
characteristics entering the rotor. 

The effect of the nozzle trailing edge thickness was fell to re of 
prime importance in this lasi regard, as wakes in the turbine How leaving 
the stator section would he quite detrimental to the overall turbine per- 
formance-   The magnitude of the edge thickness may be evaluated in 
terms of the blade number. no/z]r angle and total throat area as follows 

te -  ^(-TTD  S'm*-^)     . in (6.1-2) 

The total throat area (2 40 irr)  required for the stator section was 
derived using the isentropic gas densitv at the rotor inlet in the same 
manner as indicated in the previous section.   As indicated above   the 
trailing edge thickness can be minimised by using the minimum blade 
height, minimum no.'zle an^le. or a large number of blades. 

The nozzle blade height was chosen according to the relationship 
expressed in the previous section as 0.24 inch and the stator angle was 
chosen as the minimum acceptable according to Reference 6.1.3 as 10°. 
With a blade number of 72   the resulting trailing edge thickness was 
.0422 inch.   This value is not excessive and the above dimensions were 
used in the stator blade design shown in Figure B. 1.4.   The variation 
in gas velocity with developed length from the stator inlet is shown in 
Figure 6. 1.5    Note in this figure »hat tin1 gas velocity does not attain 
celerity at the stator exit, but is just adequate so that the tangential 
component of wheel velocity matches the turbine speed. and th" gas 
stream enters the rotor axiallv 
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6 2   HEAT TRANSFER ANALYSIS 

This discussion will include (he design approach used to evaluate 
the temperature gradient throughout the turbine.   Tn this section the 
approaches used to obtain local heat transfer coefficients, the local disk 
friction, the circulation flow around the disk, and the means of calcu- 
lating the temperature throughout the system will be discussed. 

6 2.1   Main Body of Disk 

The main body of the disk is affected thermally by:   (1) the local 
heat transfer coefficient; (2) the local disk friction; (3) the circulation 
flow rate; and (4) the cooling means.   All these items are evaluated in 
order to calculate the temperature distribution throughout the turbine. 
The following sections describe the design approach used to evaluate 
these items as well as the approach used to calculate the turbine 
temperature distribution. 

6 2. 1. I     Local Heat Transfer Coefficient 

The local heat transfer coefficient along the disk surface is 
difficult to evaluate on a theoretical basis because of the large turbu- 
lence in mixing which occurs,   however,   several reports have data 
relating to these conditions     These include References 3,2.1 through 
3.2, 5    Calculations of the heat transfer coefficient for the disk were 
made using correlations presented in these references.    The procedure 
of Reference 3. 2. 3 was concluded to be the most applicable in Section 
3. 2.1.1.   To use the approach of this reference, it was necessary to 
evaluate the local "irpe stream" velocity of the disk.   The analysis was 
made assuming the velocity of the free stream was essentially one-half 
the disk velocity as shown in the sketch below. 

Disk 

Rotational 
velocity   u 

Shroud 

Velocity diagram 
relative to disk 
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The basic approach used in this reference was that of evaKating the heat 
transfer coefficient as a function of the friction coefficient of the wheel 
Since the disk friction calculations are felt to be quite predictable due to 
the large amount of experimental data available, it was felt that a reason- 
able local skin friction coefficient could be derived from the local disk 
friction.   This approach was used so that the skin friction coefficient 
was determined as a basis of the disk friction and hence, the local heat 
transfer coefficient was obtained as a function of the local disk friction. 
The equations and procedures used are shown in detail in Section 7. 

The variation of the local heat transfer coefficient with tur- 
bine disk diameter is shown in Figure 6 2.1.   It may be noted that the 
local film coefficient varies from 2 to 10 BTU/hr - ft 2 - °F as a func- 
tion of radius over the disk surface which is of interest in the present 
calculation     This coefficient is quite low since the disk pressure and 
hence density is quite low    However,  the disk f'iction is also low 
because of this low pressure and hence, a temperature difference of 
only 150°F is necessary to transfer the disk friction heat from the gas 
to the shroud 

6. 2. 1  2     Disk Friction 

A large number of references (References 3.2. 6 through 
3. 2.13) concerning disk friction are available.   These references 
include both theoretical and experimental data.   A summary of data 
presented in many of these references is shown in Figure 3.2. 3.   It 
may be noted that there is a large variation in disk friction between 
the various authors    However, the majority of the data is similar and 
it includes six references,  References 3. 2. 6 through 3. 2.11.   As dis- 
cussed in Section 3.2.1. 2, the data of References 3. 2. 6 and 3. 2. 7 are 
most applicable. 

In evaluating the disk friction it is first necessary to evaluate 
the disk Reynold's number: 

v I) U &oo) 

where      P    - Disk tip diameter, 

U    :  Disk tip speed, fps 

V   ; Specific volume, it^ lb 

M   :  Viscosity, lb li - hr 

For the inner portion ol the disk the Reynolds number is 1.6 x 10 . 
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When using the correlation of Reference 3.2.6. this 
Reynold's number results in a disk friction coefficient of .00062. and 
hence, using the equation shown in Figure 3.2.2. the disk friction 
loss can be evaluated bv ~ 

yr      _.     ( 0.00062.)   D^ U. fLllt 
VF j V" S.ec- 

wh ere:   Q      acceleration of gravitv   32. 2 ft/sec2 

Based on the data of Reference 3.2. 7, it is shown that in order to 
obtain the lower disk friction of the shrouded disk; the clearance 
should be 5% of the diameter or less.   Therefore, the clearance in 
this case could be as great as 1.2 inch and still result in shrouded 
disk friction loss; however, since the disk is easily shrouded to 1/4 
inch, the closer spacing is recommended. 

It is desirable to obtain the local disk friction along the 
disk   therefore, it was assumed that the disk friction coefficient. 
K^y,  is constant across the disk, and the disk friction for a local 
segment of the disk can be obtained by calculating the disk friction 
for the outer diameter of the area being considered and subtracting 
from it the disk friction of the inner diameter of the area being con- 
sidered.   Hence   as shown in Section 7.2. 1, the local disk friction 
can be evaluated bv: 

where-    f     the outer radius of the area being considered, ft 

I Y0     the inner radius of the area being considered, ft 

i This equation presents the friction for both sides of the disk, that 
i resulting in four boundary layers.   Therefore, when determining the 

heat balance and heat transfer situation of the LVF turbine, this 
amount of heat was divided equally and added to the disk in the loca- 

i tion of the four boundary layers. 

' The results of the calculation of the disk friction as a 
i function of turbine radius is shown in Figure» 6. 2. 2.   This figure is 

applicable to the portion of the disk that is below the seals on the 
f outer edge of the disk, since the disk friction is higher at the peri- 
I phery of the wheel due to much higher pressures than the 2 psia to 

which the main portion of the disk is vented.   It should be noted 
I that the values shown in Figure 6.2.2 are adjusted to include the 

disk friction on one side of the disk onlv. 
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6.2.1.3    Circulation Flow 

In evaluating the temperature gradient and heat transfer 
distribution of the L V F turbine, it is important to determine the 
amount of heat which is carried up the disk and down the shroud wall 
due to the pumping action of the disk.   This pumping action, in effect, 
provides violent mixing and temperature equalization of the disk fluid. 
Several references are available concerning this recirculation flow. 
The references considered were References 3.2.2 and 3.2,5,   How- 
ever, these references proved to be of little value. since in the first 
reference flow was injected and in the second reference the amount 
of circulating flow was dependent upon the amount of naphthalene 
evaporated from the disk during the experimental test.   Since these 
conditions are not consistent with the LVFT conditions, the informa- 
tion was not used for this application. 

Unpublished experimental data obtained by the authors 
showed that the average velocitv vector across a rotating disk was 
inclined at approximately 15° from the tangential velocity.   In other 
words   a radial vector of approximately sin 15° times the tangential 
vector is representative of the turbine configuration.   Therefore, in 
the following heat transfer analysis   it was assumed that this radial 
vector described the mixing velocity in the gas. 

6.2.1.4     Means of Cooling 

Several means of cooling the disk were considered.   These 
included rejecting the entire disk friction heat to the leakage flow 
through the peripheral seals, natural convection from the turbine 
housing to the surrounding air, and water cooling of the disk shroud. 
As presented in Section 3.2.1.4, the selected means of cooling was 
to water cool the disk shroud.  This water cooling will be accomplished 
by taking the boiler feed water flow and passing it through a continuous 
tube which is soldered to the shroud of the disk, as shown in Figure 
3.2. 1    It is proposed that the feed water flow split evenly to each side 
of the disk housing.   Because of the small amount of heat to be reject- 
ed to the water   the water temperature rise is less than 1°F when 
absorbing the entire disk friction heat     Therefore   it may be 
assumed that the water temperature throughout the tubes is equal to 
the condenser temperature of 130°F     Using the data of References 
3.2. 14 and 3 2  15   it is found that three turns of 0.45 inch ID tubing 
is adequate to transfer the heat necessary.   It was assumed that the 
tube heat transfer area was equal to the tube diameter.   A detailed 
description of this analysis is presented in Section 7, 2 
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6.2.1„ 5    Turbine Disk Heat Transfer Analysis 

A thermal model of the disk and its surroundings was set 
up with specified boundary conditions and the heat transfer was com- 
puted using a digital computer program described in Section 7.2.5. 

This analysis used a 15° segment of the turbine disk which 
was divided into 28 temperature nodes.   These temperature nodes are 
small elements of the system and are represented by a temperature at 
the center of the element.   The heat transfer throughout the system 
is analagous to electrical current flow so that the problem can be 
solved using a resistance network.   Each temperature node is 
connected to its adjoining nodes, which affects its temperature by a 
conductor. 

Conduction, convection, and fluid flow conductances were 
used in this analysis and are described as follows: 

Conduction - These conductors are defined as: 

Kr        , -       K   ^      y \STU/HK-'F 

where K    ^ Thermal conductivity of the heat transfer medium 

K srtflM -  • 0145 BTU/hr - ft - °F 

KTURBIHE. D/S~K     ^ BTU/hr - ft -   F 

Kvv/97-e^    - 0.37 BTU/hr - ft - °F 

AX    - Straight line distance between nodes, ft 

fi    - Area of the common surface between two 
adjacent nodes, ft2. 

Convection - The convection conductors are defined as: 

j? =. hfi   BTU/HR.-°F 

where f-|        Convection coefficient between the solid and 
fluid surface. BTU hr - ft2 - °F 

f\        Common surface between adjacent nodes over o 
which the heat transfer occurs, it^ 

Fluid How - The fluid How conductors present a more complex 
problem than the other conductors    In th's turbine disk problem ten 
fluid nodes are used.   These nodes are ioi iied in the annular space 
between the disk and the shroud.   When the disk is rotating, a re- 
circulation steam How is set up in this annulus.   Since the disk is 
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vented to the condenser to reduce disk friction, condenser steam 
is contained in this annulus and flows upward alone: the disk and then 
recirculates down along the shroud.   These nodes are very impor- 
tant to the overall analysis since it is here that the disk friction heat 
is added to the svstem.   A complete derivation of the fluid flow con- 
ductors is contained in the thermal analysis part of Section 7.0. 

Based on the derivation in Section 7.2.5, the fluid flow 
conductor is Kf-PV^Cp(^^i_) 

q 
where:       P   = Density of fluid, lb/ft 

V  - Velocity of fluid, ft/hr 

p\   - Fluid passage area, ft^ 

Cp = Fluid specific heat. BTU/lb - °F 

AX[ - Length of fluid node where temperature is 
being determined, ft 

AX,   - Length of fluid node immediately upstream of 
node i.  ft 

The fluid conductors are one way conductors, in other 
words, a node is not affected in temperature bv the node downstream 
of it but only by the upstream node. 

Figure 6.2.3 shows the turbine disk thermal model with the 
node locations and the temperatures as calculated by the computer 
program.   The boundary conditions established during the analysis 
are: 

1- The cooling water temperature held constant at 
130°F. 

2. Temperatures of nodes 20 and 25 in the upper por- 
tion of the disk held constant at 330UF and 380°F, 
respectively    These temperatures are assumed 
fixed because of their close proximity to the turbine 
nozzles. 

3. The hub area ol the disk is maintained at 130 F. 

4. The vertical center line of the disk is assumed to 
be .in adiabatic surface. 
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5,  A one-half section of th<> disk was analyzed since 
it is assumed that the temperatures on the other 
side would be a mirror image. 

The source of heat addition to the system is the disk fric- 
tion in the annular space between the shroud and the turbine disk. 
This volume is vented to condenser pressure (2 psia) to minimize 
disk friction power losses by reducing the viscosity of the steam in 
this space 

A recirculation flow pattern will be set up by the rotation 
of the disk and the frictional forces between the disk and the steam. 
The steam will flow upwards along the disk and then down along the 
shroud.    Disk friction was added to the ten fluid nodes in this 
annular space.   In a fluid node, the temperature of the upstream 
node affects the node downstream of it as a function of the flow velo- 
city; density, and distance.   In order to determine the magnitude of 
the fluid conductors, the mass flow or velocity of the recirculating 
steam must be determined. 

Previous Barber-Nichols Engineering Company experience 
with gas and steam turbines indicates that the outward flow along 
the face of a rotating disk proceeds in an outward spiraling direction 
from the disk center, with a resultant velocity (V) vector at 15° 
from the tangential velocity (v).    The following diagram describes 
this observed flow pattern. 
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where (W = Mass flow rate 

<^> - Rotational speed 

r = Radius 

H - Radial velocity of w 

AT" = Tangential velocity of w 

V U/HC£L = Rotational velocity at any r 

and «r * 1/2 Vwheel @ r 

The velocity (v) is deduced from considering the flow in 
the annular space between the rotating disk and the stationary wall. 
In this space the velocity of the gas on the face of the rotating disk 
will have a velocity equal to that of the disk.   The gas on the face 
of the stationary shroud will have zero velocity,   The average velocity 
in the passage is therefore one-half of the wheel velocity. 

Based on this analysis, the radial velocities of the fluid 
nodes at 12,000 rpm are: 

Node r, in. Vwheel. ft/sec        U, ft/sec 

1 26 5.34 559 74.8 
2,21 6 5 680 91.1 
3,16 7.69 805 107*5 
4,11 8.75 915 122.5 
5,6 9.88 1035 138.5 

The above values of radial velocity (U) were used to 
compute the fluid node conductors as described in the calculation 
section of this report. 

Disk friction heat i s added to the above fluid nodes and 
is transported through the annular space between the disk and the 
shroud by the fluid conductors.   This heat is dissipated into the 
turbine disk and the shroud's water jacket by conduction and convec- 
tion. 

i 
j Figure 6. 2. 1 shows a plut of local disk friction heat \n 

BTU/hr - ff2 vs.   turbine disk radii, in ft. for one side of the disk. 
»This curve was used along with the local surface areas of the disk 

and shroud fu.' a 15° wheel segment to determine the heat in BTU 
hr added to each of the fluid nodes.   The values of heat addition 

_ used in the disk heat transfer analysis are shown in the following 
j table. 
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Node No 

1 26 
2 21 
3, 16 
4. 11 
5 6 

DISK FRICTION HEAT 

q, BTU/h r -ft 2 A. ft2 A. ft* Q, BTU/Min 

01995 .0765 
01320 .0858 
0585 .1637 
0180 .2800 
020 „4500 

230 
390 
620 
950 
1350 

Heat is added to the system until the heat entering equals 
the heat leaving into the cooline; water. At this point all the node 
temperatures will be in equilibrium,   These temperatures are shown 
in Figure 6. 2.3. 

The heat transfer computer program does have the capa- 
bility of showing the transient temperature response of the system. 
However, transient temperatures were not computed in this analysis 
due to the extremely long compute time which would be necessary. 

As explained in the calculation section of this report, the 
program compute time interval for stable operation ia a function of 
the sum of the conductors into a given node and the capacitance of 
the node as shown below. 

Compute time step AT 

where Q   - Capacitance 

5" K  - Sum of the conductors 

^T"' = Compute time interval for stable operation 

In order for the program calculations to converge,  A?"* 
must be a minimum as determined by the above equation.   The 
capacitance of the nodes are a function of the nodes density, 
volume, and specific heat.   This problem contains solid, liquid 
and gaseous nodes.   Obviously, the recirculating steam nodes 
will have the lowest density and also the smallest volume and 
therefore the lowest value of capacitance.   Computing the 
capacitance of all the nodes shows that the recirculating steam 
fluid nodes havp a value of capacitance many orders of magnitude 
less than the solid nodes.   Based on the actual capacitance 
values of the nodes, the compute time interval will be verv small 
resulting in prohibitively long IBM-1130 computer time require- 
ments for the temperatures to go from their transient conditions 
to the steady state condition 



I 

I 

I 

99 

For this reason the node capacitances were input at a 
constant equal value, with the exception of the constant temperature 
nodes.   The value selected was high enough to reduce the computer 
time to a reasonable value.   This change therefore invalidates the 
transient temperature, 

The capacitance of the constant temperature nodes is input 
as a very high value so that they will have essentially infinite heat 
capacitv and their temperature remains constant. 

The steady state temperature distribution of the disk, 
shroud and recirculating steam indicates reasonable temperature 
gradients along the disk for adequate mechanical design analysis. 
No problem is anticipated in the thermal control of this area,   The 
mechanical design section of this report discusses in detail the 
design of the disk based on the thermal gradients evaluated here. 
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6.2.2   Disk Shroud and Seed Area 

This area is the most complex to analyze s.nce the largest 
number of external factors are affecting the disk surface-   These 
external factors include-   the seal leakage flow around the disk; the 
seal friction; the disk friction; the heat conducted from the live 
steam flow through the turbine; and the effect of cooling due to the 
water flow through the tip shroud.   Figure 3„2. 1 schematically shows 
this configuration,,   Each of the items mentioned above will be 
described in detail in the following sections. 

Heat is added to this area of the turbine by hot leakage gas, 
seal friction, and disk friction.   The seal friction is described by 
the following equation obtained from FIRL, 

-\A^   =  2.6 ! > so* -^   (r*- (?)     H P 
>8 

N    Disk rotational speed, rev/min 

9 
where:    1/   Kinematic viscosity, lb-sec/in 

bD  Blade height, in. 

V.   Outer radius of seal. in. 

\r    Inner radius of seal. in. 

The leakage flow through the seals is obtained from the 
following equation, which was also obtained from FIRL: 

n 'n £*-/?* 

where-   $- Seal clearance, in. 

f^ Gas constant, in/°R 

/( Gas temperature entering seal, °R 

~v^- ViscosUv, lb-see/in^ 

Pf Seal high pressure, psia 

P Seal low pressure, psia 

lb 
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This leakage flow rate is quite important in that it provides a 
means of carrving off the seal friction heat in the leakage flow, thereby 
preventing excessive heating of the seal.   It also is a heat source which 
is adding r.eat to the top of the shroud, in the case of Seal No. 1 (refer 
to Table 6.2.1 for seal number) or adding heat down around the disk to 
supplement the disk friction as in the case of Seal No. 2 and 3. 

The values of the pressure, temperature, seal leakage, flow and 
frictional horsepower are shown in the table.    Also shown in this table 
is the temperature rise in the seal leakage flow assuming all seal fric- 
tion heat is absorbed by the leakage flow.   This, of course, is not the 
actual case; however, it provides a measure of the temperature that the 
seal might reach in the event that supplemental cooling was not provided. 
As shown in this table, the temperature rise of Seal 1 and Seal 3 is 
quite high for a seal spacing of .001 inch.   These temperatures indicate 
that Seal No.  1 will have to ha^e supplemental cooling to control this 
temperature rise.   This cooling is provided by water cooling of the 
shroud spacer above the wheel shroud as shown in Figure 3.2.1.   In 
the case of Seal No. 3 it is shown in Table 6.2.1 that increasing the 
seal spacing decreases this temperature rise significantly.   Therefore, 
it is recommended that Seal No. 3 have a seal spacing of .00125 inch. 
As previously discussed, this seal spacing is adjusted by suitable 
spring loadings on the seal. 

The gas heat transfer coefficient was evaluated at the rotor tip 
by the same means as that used for the main portion of the rotor as 
described in Section 3. 2. 1.   This coefficient is approximately 411BTU/ 
hr - ft   - °F.   This coefficient is much larger than that of the inner 
portion of the disk for two reasons.   One is that the density is much 
higher since the pressure at this point is 50 psi rather than 2 psi, and 
the other is the mucn higher tip speed which increases the heat 
transfer coefficient. 

6.2.3   Nozzle and Blade Area 

The heat transfer coefficient of the hot steam entering the 
turbine is evaluated Oi. the basis of forced convection equations as 
presented in Reference 3.2. 17.   This equation is as shown below: 

^ °-8        o Z 
g n    -    o.ozi —   MO   (Npc) ^^Q 1 nf 0   v He    ^ n^ hr~ft-r 



SUMMARY   OF   SEAL   FRICTIOM 
AND    LEAKAGE    DATA 

102 

i 
i 
I 

I 
I 
I 
I 

I 
I 
I 

Seal 
No. 

Seal 
Clear- 

ance, in. 

Inlet 
Press 
psia 

Exit 
Press. 
psia 

Inlet 
Temp. 

°F 
Leakage 
lb/sec 

Friction 
HP 

T  °F 
Seal 
Flow 

1 .001 93 50 430 01613 3.97 347 

2 .001 93 2 430 0223 2.93 186 

3 .001 

00125 

.00150 

50 

50 

50 

2 

2 

2 

281 

281 

281 

.00704 

.0137 

.0238 

2.23 

1.78 

1.48 

633 

260 

125 

17KBL.F    6.2.1 



103 

where'        j<    = Thermal conductivity. BTU/hr - ft - °F 

D   = Hvdraulic Did. . ft 
n 

hl.j  - Reynolds No. 
K« 

AU = Prandtl No. 

The resultant heat transfer coefficient was 270 BTU/hr - ft2 - CF 
for the no/.zle inlet area. 

The effective gas temperature   (Tn  j is important in evaluating 
UR 

the blade film coefficient and is defined hv: 

-r- V O where.     J*      = Total temperature relative to blade,    R 
K 

75 = Static temperature relative toblade,   R 

\4 = Relative velocity entering blade, ft/sec 

Cp - Specific heat, BTU/lb - °F 

J" = Conversion factor, 778 ft - lb/BTU 

Using the gas temperature relative to the blade to define the blade gas 
properties, the film heat transfer coefficient is evaluated by an un- 
published empirical correlation of the authors.   This equation is: 

i     _       Vp   CP   NJ^r  (TC2d)       DrrTT/,      .,2    o„ n    =     —L —__i--i_     BTU/hr-ft   -   F 

where:     Vft    = Average relative velocity through blade, ft/sec 

"iT    = Specific volume, ffvlb 

Cp   = Specific heat, BTU/lb - °F 

and 

*r = ° 
1)" (w, ""' 

where:       C     = 0.08 for typical turbine blade 

M,-    = Reynolds number based on blade chord 
'V: 

M     = Prandtl number 
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The results of the solution of this equation at the design point yield a 
heat transfer coefficient of ^42 BTU/hr - ft2 - °F for the gas flowing 
through the blade passages. 

The heat transfer coefficient must be determined for the water 
passage which cools the gas above the tip of the turbine shroud.   This 
film coefficient was evaluated based on the forced convection coefficients 
presented in Reference 3.2, 14,   All turbine feed water is passed through 
the housing at the shroud tip.   The applicable equation for this film 
coefficient is 

I 
I 
i 

« 

I 

where- \£ = Thermal conductivity.. BTU/hr - ft - °F 

ft = Hydraulic diameter, ft 

//- = Reynolds number based on D 

/\Jp = Prandtl number 

Evaluation of this equation yields a film coefficient in the cooling water 
passage of 37 80 BTU/hr - ft2 - °F. 

6.2.4   Turbine Hous4ng 

The heat transfer analysis used to determine the steady state 
temperatures of the turbine housing components is similar to that 
used for the turbine disk.   The same computer program was used for 
both analyses. 

The node system for the turbine housing is shown in Figure 
6. 2.4,       This system also contains solid and fluid nodes like the 
turbine disk area.   The combination of the solid and fluid nodes gives 
the same problem as for the turbine disk in that the computer time 
would be too long to calculate the transient temperatures unless a 
much faster computer is used.   Therefore, false values of capacitance 
were input for all the nodes other than the fixed temperature nodes in 
order to bring the calculation to convergence more quickly. 

Heat is added to the turbine housing area by the high tempera- 
ture steam passing through the inlet ducts, the turbine blades and the 
exhaust duct.   The chief mechanism for this heat addition is convec- 
tion from the steam to the passage walls    Other sources of heat 
addition are from the fluid friction in the seals at nodes 3, 4, and 5 
and disk friction at node 6. 
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The heat addition due to seal friction at nodes 3. 4, and 5 is 
calculated and defined in Section 3,1 of this report.   The values 
expressed in horsepower and converted to BTU/min over the 15° tur- 
bine housing segment are shown in the following table» 

Node Seal Friction HP Q BTU/min (15°Segment) 

3 3.97 7.0 

4 2.93 5.18 

5 1.78 3.14 

The heat input due to disk friction at node 6 is calculated to be 
4.04 BTU/min based on the disk friction data contained in Figure 6.2.2 
for an average turbine tip radius of 1 06 ft. 

In this analysis there is only one fluid conductor between nodes 
3 and 6.   The heat generated in node 3 will affect the temperature of 
node 6. 

Node 18 has a .5" x 375" passage which carries cooling water 
flow at 130°F. maintaining this node at a constant temperature.   The 
other boundary conditions are the temperatures of the inlet, leaving, 
and turbine blade steam which are held constant at 430°F. 28l°F, and 
354°F.   The turbine disk, node 29, is also held constant at 3360F. 

The outer nodes of the turbine housing reject heat by natural 
convection to the surrounding air which is fixed at 100°F. Nodes 7, 
27 and 28 conduct into the turbine structure which is also held at 100°F. 

The natural convection heat transfer coefficient from the turbine 
casing to the surrounding air is taken to be 1.0 BTU/hr-ft^ - °F 
(Reference 3,2. 14) which is a reasonable coefficient for the temperature 
difference anticipated between the casing and the ambient air. 

The conduction between nodes was calculated as shown in 
Section 3.2.1 and consists of conduction, convection and the ore fluid 
conductor.   The values of these conductors are shown in Section 
7.2.5, Figure 7.2.5. 

Mechanical joints between nodes include a joinc resistance in 
the overall conductance value.   The value of this joint resistance was 
taken from Reference 3.2. 14.   These values are 500 BTU/hr-ft2 - 
OF at G gauge pressure on the joint and 11000 BTU/hr- ft^ - °F at 
3800 psia.   For a bolt load of 4000 lbs bolt for 24 bobs in 360° or one 
bolt in 15°, ,\ value of 4000 lbs load on the mechanical joints in the 
housing was used    The joint stress between the mechanical joints 
in the housing was calculated and based on these stresses and the con- 
necting area in the joint, the joint resistance was calculated. This joint 
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resistance is based on a straight line interpolation between the resist- 
ance at 0 psi and *800 psi.   The following table gives the specific 
value of these resistances and the conductor at the joint. 

JOINT RESISTANCE AND CONDUCTANCE 

Connecting 
Nodes 

Joint Stress, 
psi 

1630 
1680 
1930 
1980 
3870 

Area, 
in^ 

18 - 24 
8 - 10 
7 - 13 

26 - 28 
9 - 18 

2.45 
2.38 
2.072 
2.02 
1.032 

h;,BTU/hr      K;; BTU/hr 
-ft    - °F - °F 

4560 77.5 
4560 75.D 
5400 77.5 
5400 75.8 

11000 79.0 

The temperature distribution in the turbine housing and sur- 
rounding area is shown in Figure 6.2.3.       The only apparent problem 
area is the temperature difference between the components on the inlet 
side as compared with the exhaust side.   From a thermal stress view- 
point it would be desirable if this axial temperature gradient could be 
reduced to zero and the radial temperature gradient on the inlet and 
outlet side be approximately the same.   This can be done by bringing 
the shroud coolant water along the underside of node 14.   This area of 
the thermal control problem will be examined more thoroughly during 
the next phase of this program. 

The thermal corirol of the turbine housing is not considered to 
be a significant pro' lern and relatively minor design changes should be 
able to provide a temperature distribution suitable for a reliable 
mechanical design. 

6.2.5   Shaft and Bearing Area 

The design of the thrust and journal bearings require condenser 
water to be used as a cooling medium.   This water will be 130°F and 
sufficient water will be supplied to maintain the temperature of the 
bearings and the adjacent shaft area at the water temperature. 

Heat flow from the turbine disk into the disk center and the 
shaft is not considered to be a significant problem based on the results 
of the disk heat transfer analysis and extended into the disk center and 
shaft area.   This analysis shows that 6.4 BTU min flows into the 
shaft both in the forward and aft     rections from the disk*   This addi- 
tional heat will require an additional 1.25^0 of water to be added to 
the bearing cooling svstem. 
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| This additional water is based on a bearing cooling require- 
ment of 11.1 friction horsepower for tne thrust bearing <oid 6.8 friction 
horsepower for each of the journal bearings.   The heat equivalent of 

'.      f the frictional horsepower loss in the bearings is a total of 1046 BTU/ 
min.   The additional 6„ 4 BTU/min heat leak from the disk to the bear- 
ing area amounts to an almost insignificant quantity. 
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I 6.3     VIBRATION ANALYSIS 

The prrlimiririrv design of the L VF turbine required substantial 
vibration analysis in three primary areas.   These areas are;   (1) blades 
and shroudj (2) the disk; and (3) the rotor.   The turbine requires close 
running clearances between the disk and the controlled-leakage seal face. 
This requirement makes the disk, shaft, shroud and blades vibration 
important to the successful operation of the turbine.   The blades in the 
LVF  turbine are short and are reinforced by the shroud.   This reinforce- 
ment makes the natural frequencies of the blades many times higher than 
running speed or nozzle passing frequency.   Therefore,, blade vibration 
should not be significant in the LVF turbine.   The shaft vibration, or 
rotor dynamics, is important because of the close running clearances 
between the seal and the disk.   The rotor was designed axially symmetric 
and designed for stiff shaft operation where the first critical is above 
operating speed«   The following section provides the vibration aspects 
of the design in detail and includes the equations used in the analysis. 
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6.31   Turbine Blade Design 

The turbine blades for the  L V F turbine are shrouded and are 
short.   These two requirements simplify the frequency analysis because 
it is only possible to excite the axial and tangential mode of the blade 
and shroud significantly.   The other mode of interest, other than the 
diametric modes of disk and shroud, would be flutter of the trailing 
edges of the blades.   (Figure 3.3.1)   The natural frequencies of the 
axial and tangential mode are considered to be important because of 
the periodic force from the excitation sources tabulated in Figure 
6.3.1. 

These excitation forces are at frequencies of the fundamental 
speed of the machine and its harmonics.   If the natural frequencies of 
the blade coincide or are sympathetic with the fundamental forcing 
frequency and. to a lesser cegree harmonics of the forcing frequency, 
the blades and shroud could be excited.   The deflection of the blades 
and shroud could possibly build up in amplitude such that the seal face 
and shroud could rub or distort, causing excessive leakage. 

The design procedure followed was to calculate the natural 
frequency of the blade and shroud, both axial and tangential mode, 
then increase the blade moment of inertia until the natural frequencies 
are above anv significant excitation frequency. 

The equations that govern the axial and tangential mode of 
vibration are as follows: 

Axial vibration 

Tangential vibration 

VJ„ = */ "T 
no? 

Where L        - Coefficient from Reference 6.3.1 

0 = Length of blade, in. 

T ±1     - Moment of inertia in axial and tangential 
^    T      direction 

^       = Young's modulus #/in 
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FIGURE 6.3.1 

FREQUENCY OF EXCITATION FORCE 

Source Fundamental 
rpm 

Significant Harmonic 
2 3 4 

Running speed 12,000 24,000 36,000 48,000 

Nozzle passing 852,000* 

Seal segments 144,000** 

Vanes on ribs 108,000*** 

**, 

"(Running speed) (Number of nozzles) = 12,000 X  71 

(Running speed) (Number of seal segments) _ 12,000 X 12 

(Running speed) (Number of vanes)  - 12,000 X 18 
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I The natural frequency of the axial mode, assuming a fixed-fixed 
beam   is 73.0 x  10" Rev/min and for the tangential mode 9Ü x 10^ 

{Rev/min   both of which arf> manv times above the highest excitation 
frequency» 

t The detailed stress analysis of the shroud and blaie in Section 
6.3     provides the spring rate of the shroud and blade as a composite 
structure.   A simple model of a spring and mass system was assumed 
and the natural frequencv calculated. 

__      \ 

where    %      = Frequency of composite 

Kk    = Spring constant of shroud, blade system, lb/in 

Yc\     = Total mass of shroud and blade 
4 

From the above ^s   = 190 x 10   Rev/min. 

The above calculation indicates that a shroud mode of vibration 
exists of frequency £s that has a natural frequency approximately ten 
times greater than the nozzle excitation source.   The tenth harmonic 
of the nozzle passing frequency is usually considered to be insignificant 
and therefore is not expected to produce significant axial vibration of 
the shroud. 

The trailing edge of the blades were thickened to decrease the 
stress in the thin edge and to allow rework if nicked when manufacturing. 
The resulting thicker edge is not susceptible to flutter. 

6.3.2   Disk Vibration 

Vibration of the turbine disk is critical in turbine design and 
even more important in the LVF turbine.   This increased importance 
is because the sides of the disk are used as mating surfaces for the 
peripheral seals.   Anv shape assumed by the disk where the disk is 
deflected an a plane will affect the running clearance and could increase 
leakage and possibly cause rubbing.   The deflection can come from 
mode shapes called the diametral modes which result from operating 
at speeds having an integral number of waves fitting exactly into the 
circumference.   (Figure 3.3. 2)   The resulting disk displace- 
ment when running speed is tuned in close to a diametral mode can 
build up an intolerable amplitude.   The criteria for a disk design 
given a mean diameter and a blade and shroud design is to establish 
a disk of a thickness in excess of that required to resist centrifugal 
stresses which would keep the disk's critical speeds at a safe margin 
from operating speed and also operating speed harmonics. 



113 

! 

i 

I 
I 

[  I 
i 

Tho disk has extra material on the sides that can be removed 
in order to detune the disk,   The disk will be statically vibrated and 
the diametral modes determined and compared to possible excitation 
sources.   Material will then be removed if detuning is necessary. 

The equations governing the diametral modes of vibration are 
as follows;  (Refert-nce 6,3.2) Equating the kinetic energy to the sum 
of the potential energy and centrifugal work, this gives the following 
expression: 

/, a. 
_ E ho    Co       \ ja- v c 

I 

■ V     SYR*    CK   + W   CK 
I where      Cp= J" H)p (y) d X 

I a,id Q   =(^(x)dK 

I 
The calculation is made in this report by using Tables 2 through 

| 11 of Reference 6.3.2. 

Using the equations, tables of Reference 6.3.2, and the disk 
I shown in Figure 6.3,2. the critical speeds relative to the second and 

third diametral modes were calculated.   These speeds are: 

Third. 29.780 rpm     (3ND) 

Second,        21,500 rpm     (2ND) 

The second and third critical speeds are sufficiently removed 
from running speed that they will not be excited. 

The first nodal diameter (1ND) is not excitable in a one disk 
system, and therefore was not calculated.   (Reference 6.3.2) 

Other types of disks were investigated; for example, the con- 
stant stress disk, not acceptable because of its thin outer diameters, 
which would be more accessible to these diametral modes.   A disk 
with a hole was investigated, but the large radial growth at the bore 
was undesirable and the shaft with a disk with a hole would have 
required an attachment technique such as a through-bolt, a Gleason 
spline, a rabbit joint, or a shrink fit     Either of these designs would 
have ultimately required disassembly and assembly, which would 
change balance and relationship between shaft and disk.   Also, 
balancing becomes more difficult.   The design used on the LVFT 
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MODULE   OF SOLID   DISK ASSUMED 
FOR   STRESS   ANALYSIS 

I 
I 
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ii.857 

• S&Z5 

I0.&Z.5 

I 

ÖV - sooo psi 

.875 

.875 

I.Z5 

3.0 

4.0 

3.4 
L     1.595 

2..0 

.75 

T 

3» 1 

FIGURE e.3^ 
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of a continuous disk and integral shaft will provide the most reliable 
design because of the inherent coaxial relationship of the shaft and 
disk and the normality between the sides of the disk and seal.   This 
coaxial and normality relationship is obtained regardless of balance 
or growth from centrifugal for*.,: and can more easily be controlled 
in a symmetric disk. 

6.3.3   Rotor Dynamics 

The rotor dynamics of a rotating system include the forces 
caused by rotating unbalance, critical speeds, and instability.   The 
close running clearance of the seal requires a rotor system that has 
predictable dynamic characteristics and a minimum of misalignment. 
Both of these criteria can best be accomplished in a stiff shaft design, 
that is, where the machine operates at approximately 15 to 20 per 
cent below first critical. 

The first critical is one in which the shaft whirls between two 
nodes at the bearing.   The calculation for the first critical frequency 
is done by considering the rotating mass to be supported on two 
springs of a constant spring rate.   The spring rate has been defined 
in Tabulation 6. 5. 1.   The first critical of the L V F turbine is 
14,000 rpm, approximately 15 per cent above operating speed of 
12,000 rpm.   The calculation for the critical includes the stiffness 
of the shaft as well as bearing film stiffness.   The analysis for the 
first critical was based on the Rayleigh-Ritz equation.   (Reference 
6.3.3)   The equations for the critical speeds are: 

vjc = vsi:vi»8H/^:vi^ 
1 iU 1 ^ 

where    \J      = Weight of Nin mass 

C      = Static deflection of the Ntn mass 
» 
\      = Total number of masses 

and the model assumed is shown in Figure 3.3.3. 

Equally important as avoiding operation at or near the first 
critical is having sufficient balance so that excess forces are not 
applied to the bearings.   This force, or mass unbalance, produces 
a radial force that, rotates at shaft speed with a magnitude dependent 
upon both the amount of unbalanced mass in the system and the 
rotating speed.   It is necessary to establish limits for rotating un- 
balance for the LVFT rotating mass.   From Table 6. 5.1 the following 
information is needed to make this calculation: 
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h   = Minimum film thickness = .001175 in. 

C   -  „003 radial clearance,  in. 

from Reference 6.3. 4 the equation for  h    is: 

V,0= C Ci-£] o,   i-\ = £, 

where C   =  eccentricity ratio 

The force per bearing is assumed to equal 200 pounds which 
includes 141.4 pounds static weight and 58.6 pounds unbalance force. 
The unbalance acceptable is .014 in/lb based on 58.6 pounds mass 
unbalance and £ of .608 obtained from the following equation: 

VI     a Force of unbalance =    —- vj  y 

where \j    = Magnitude of unbalance 

\fj     = Rotational speed rad/sec 

2 a     = Gravitational constants, in/sec 

T     = Effective radius of unbalance, in. 

Cylindrical balance ribs are provided on the sides of the disk.   (Figure 
3.3.3)   This is where material can be removed for balancing without 
penetrating the disk profile. 

Because of the close running clearance of the disk, the conical 
mode of shaft vibration was considered to be important to the operation 
of seals.   Therefore, criteria was followed in the design that best 
avoided this mode of vibration.   This consisted primarily of using two 
identical bearings and putting the center of gravity of the rotating 
mass in the center between two journal bearings.   (Figure 3.3.3) 

The calculation for the conical mode provides the natural 
frequency of 18.917 rpm. approximately 58 per cent higher than maxi- 
mum rotating speed, and between    1    and   2    harmonic.   It is fair 
to assume that the conical mode will not be excited. 

The occurrence of half frequency whirl, which is more asso- 
ciated with lightlv loaded machines, is not expected in the LVF 
turbine.   The turbine requires a 1,200 pound preload at 12,000 rpm, 
providing the bearing film stiffness required and establishing the 
critical speed at a sale margin.   The large preload required will 
prevent half frequency whirl from occurring significantly.   The 
provisions for the variable preloading devices allows the preload 
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to be varied as a function of speed while measuring the deflection or 
film thickness of the bearing.   These parameters provide a monitoring 
technique that will indicate if half frequency whirl is present and when 
preload is sufficient to eliminate the phenomena. 

I 
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6.4     STRESS ANALYSIS 

The preliminary design of the L VF turbine required substantial 
stress analysis in three primary areas.   These areas are:  (1) blades and 
shroud;   (2) the disk; and (3) the casing.   The remaining areas of the 
mechanical design followed normal well-established design procedures. 

The stress analysis was directed to those areas whce investigation 
and substantiation were necessary to provide a reliable test unit.   The 
blades and shroud are subjected to loads that are unique to this turbine 
because of the radial thickness of the shroud,   Because of this unique 
loading, it was necessary to derive equations for the elastic relationship 
between the shroud   and blades and to establish procedures to calculate 
the stress in the blades from the force of the shroud. 

The casing, subjected to a small external pressure, was designed to 
withstand the worst pressure loading that potentially could exist.   It was 
concluded that the maximum operating pressure of the highest pressurized 
compartment was the design criteria.   This was because if the seals 
failed, the pressure could inadvertently approach the design pressure. 
The following section discusses the stress analysis and detail and includes 
the derivation of equations and data for substantiation of the necessary 
equations. 
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6.4.1    Turbine Blade and Shroud Stress 

The blades are subjected to forces which include centrifugal force 
of the blade, pressure differential across the blade, the tension from re- 
taining the shroud, and bending moment caused by the seals (see Figure 
6.4.1)    The blades provide the continuity between the shroud and the disk. 
In order to provide the continuity the blades are stressed in tension, 
restraining the shroud from expansion as a free ring subjected to a centri- 
fugal force field and thermal expansion.   The forces are then transmitted 
to the disk through the blades, further expanding the disk. 

Assume a free thick ring as shown of radius r0 and r\ subjected 
to both centrifugal and thermal growth. 

Tn r-o 
 t 

From Reference 6.4.1 the equations for stress and deflection of a free 
rotating flat ring are: 

Deflection U* = ftj T S°   8" * ' Vo+r\ + •££ -j£    3^ f / 

Radial stress  <Tr = ^   1»L (rf+r? - ÜX. _ rÄJ 

Tangential stress   fl"T= ?" ^(f* t t?V C£- Ug* t*) 

where: ^ = Density, lb/in^ 

Uf = Angular speed, rad/sec 

r = Radius in general, in. 

f; = Inner radius, in. 

fo = Outer radius, in. 

M = Poisson's ratio, .3 for steel 

E = Modulus of elasticity, Ib/in^ 

and from Reference 6.4.2 the equati-  •, for the expansion of a ring when 
raised ii.  emperature is 

uT S(AT)WR , IN 
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LOADS  ON BLADE   AMD   SHROUD 

CENTRIFUGAL   FORCE 
AMD   THERMAL   EXPANSION 

A 

SHROUD 

BLADE 
T, MAX 

m 

SEAL  FORCE 

PRESSURE   LOAD 

DISK 

FIGURE   6.4.1 
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The resulting total free growth of the shroud is the summation of the ther- 
mal and centrifugal growth. 

UT+ uw   -   u 
The growth of the disk has been defined in Section 6.4.2 with a temperature 
gradient which represents steady state operation.   There are quite obvious- 
ly two conditions to be considered:  (1) condition at start where the disk is 
cold and the shroud is assumed to have reached the maximum temperature 
of Ta(max)j  and condition (2)5 the operation condition where in addition to 
the shroud being at Ta(max) the disk has warmed up, alleviating the stress. 
The blades provide the restraint necessary to retain continuity and are 
assumed to hold the shroud down to the required displacement.   The force 
required to retain the ring to the required displacement for continuity is 

Force =    -Pj(&s) 

where: — ?\  = Internal pressure,    psi 

ns = Internal area of shroud, in^ 

Pj is obtained from the following relationship (Reference 6„4.1) 

This equation represents a ring with a hole subjected to negative internal 
pressure.   The pressure obtained in this manner is then distributed over 
the area of shroud equally and represents the total force straining the 
blades.   The stress calculated in this manner is tabulated in Figure 6.4.2 
under condition one and condition two. startup and operating. 

In addition to these stresses, the shroud and blades are subjected 
to other local stresses.   The shroud can be represented as a ring which, 
in addition to the blade, must react to the axial force and bending moment 
caused by pressure differential and seal face pressure.   (Figure 6.4.3) 
The shroud provides the running surface for the upper seal.   Excessive 
deflection or rotation can cause increased leakage.   For the blades to 
deflect it is necessary for the shroud to twist through an angle   <J) 

*X SHROUD 

I srWZ 
Figure 6.4.3 shows the elastic model of the shroud and blades. 

To retain continuity it is necessary for 6,   and A,  of the shroud and 
(t)    and A    of the blade to be equal. 

*. 
Rotation of blade  = rotation of shroud 

Deflection of blade - deflection of shroud 



I 122 

I 
II 

I 
I 

O 
P 

5 co 
^3  2 co i-H <tf t~ 

3 ö g O Oi in 
CD CD CO 

H   £ W t- CM •* 
T-i CM t- 

s 
>—1 
re 
fcri ■*-• 

3 °® «a a> ^ CO 
i 

CO 
<»fc 

Q 

8 
K 
CO 

fa 

ffl 

CO 
CO 
w 
ft! 
H 
CO 

fa 
O 

O 
I—I 
H 
< 

£ 
CO 
«3 
H 

Q 

S u 
3  -r-r 
O tJ 

co ca 

"S-g 

§1 
co c 

ft! 

co 
a 

CO 
CO 
Cy 
&- 
CO 

s 
H 
h-I 
Q 
2 
O u 

S o 2 w 

% CO 

bß Q 
3 03 
S Cy T3 
C O   « 

5fc 

3 .5 

■a .5 
§ 2 
S-   Z 

J3   CO 
CO   CÜ 

ft! 

c 
o 

■ rH 

o 

o 
CO 
CO 

o 
CM 
CM 

CO CO 

o 
CM 
CM 

CO 

CM 

O 
O 
in 
co 
OS 

CO 

co 

o 
co 
CO 

o 
m 
CM 
CM 

*3" 

CM CM 

• PH 

H 

o 
o 

ft! 

o ca ä 

£t   co 

o RI a 

Cv 

r—( 

CQ 

3 

Ä 
CO 

3 
u 
cd *-> 
CO 

* 

=3 
o 
u 

C 
o 

cd 
Si 

I 
n 
s 
S-. 
O 

CM 

S 
O 

T3 
C 
o 
U 

FIGURE 6.4.2 



123 

ELASTIC   VIODEL  OF SHROUD 
AND   BLADE 

SHROUD 

W. 

BLAsDE 

TTTTT n \ \ \\ \ \ \ 

FIGURE     6.4.3 
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W. = Unknown shear force concentrated at end of blade 

N, = Uniformly distributed load (total) 

J = Inertia of beam section (total) 

M = Unknown moment at one end o 

(from Figure 6.4.3) 

Moment at any value of X ~ 

! for      X-O,fe=0,   C,= 0      for    X-U.il   -<|>, 

f therefore      fA0=  (VJ, +%) | - ^   ^ 

at  X-A ^=0  and C^'O at   y.- J2 , Y » A( 

where A(   = deflection of beam 

"        ET  L   ? 

from continuity the  £ßEAM #1    = ^SHR0UD #2 

= A     *l   *   ♦. 3,1(1 ABEAM     : "SHROUD 

deflection and rotation of shroud. 
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Assume shroud is narrow ring under distributed torque about its 
axis.   Then from Reference 6.4.3 the ring is assumed to rotate about its 
centroid through an angle of  ~ *   where M = bending moment per linear 
inch   let M0- total moment 

El 

4>- EI 1  =   MOMENT    OF    INERTIA 

let  A a lrG_   for small angles 

A, ~AX 

8.  =0. 

•■ Y 

*A- £1 

A' 
£T3 ;-[ 

w,A + 
3L ]- IJAfi v 

EL 

; 

£i [ 
WjT VJ^ -M = EI 

solving simultaneously provides the moments and shears that, when 
applied to the shroud and blade individually, determine the resulting stress, 
deflection   and rotation listed in Figure 6.4.2. 

The preceding analysis conservatively defined the stress in the 
blades.   The analysis, however, does not provide the local stress in the 
shroud or include the local deformation of the shroud from the multiple 
attachment points.   The following analysis is a more detailed analysis of 
the shroud.   For this analysis the shroud is assumed to be a ring having 
equally spaced radial supports (Reference 6.4.4).   Each support (or blade) 
loads the ring with force P. 

0n      360 
1 ü  = "90 

= 4V 
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X = Angle measured from midway between adjacent radial forces 

P = Magnitude of each radial load 

T = Tension at any section X 

M = Bending moment 

Ut = Strain energy 

0- = Stress 

Sp = Radial outward deflection at point of application of force P 

Q = Radial load 

TQ = Tension from Q 

SQ = Radial inward deflection 

From the previous analysis the deflection required for continuity 
was calculated.   Using this deflection, the required force necessary to 
retain continuity is calculated from the following equations. 

where;     \<     .     \ _L_ (&_ _ &_ +^-^1 
|N"i 1*111*9^5      £!?        H/757J 

\y r    I      / 9 ,  s>n a  cos +\~\ 

The above equations provide the force applied at the equally spaced 
supports.   The stress in the shroud from force P is then calculated from 
the following relationship. 

p        rxl    I A 

where      K   ^   f 4" - §-  y =^-~ & 1 
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6.4.2   Turbine Disk Design 

The turbine disk is of the solid Ino hole at bore) conical profile 
type with shaft attached by welding..   The disk design has continuous coni- 
cal sides extended to the hub where the shaft is welded.   The design 
inherently retains the centers of the disk and shaft coaxial and has the 
least effect on balance from external bending moments, thermal distor- 
tion, and mechanical attachment of the shaft.   The shaft welded to the disk 
can be machined concentric and with the most exact normality, obtaining 
the necessary relationship between the centers of the shaft and the side 
of the disk.   The rotor can be balanced more exactly without the loss of 
balance when disassembled. 

Figure 6.4.4 shows the stress distribution in the disk from the 
centrifugal force at 12,000 rpm and the thermogradient assumed in Figure 
6.4.5.   The stress is also plotted, superimposed»   Figure 6.4.6 provides 
the tabulation of deflection and stress as a function of radius.   In the 
figure the average stress is indicated and is the most acceptable criteria 
used to establish burst strength of the disk.   From Reference 6.4.5 it is 
specified that in disk design the average tangential stress should not 
exceed 50 to 60 per cent of the rupture strength. 

The temperatures are not extreme in the LVFT design, allowing 
the use of the minimum ultimate strength as the rupture strength.   The 
LVFT design average tangential stress is approximately 34.6 per cent of 
ultimate.   The disk has sufficient margin that the disk can be detuned at 
a later date, if necessary, as discussed in Section 3.3.2 of this report. 
The magnitude of stress in the disk has little meaning until compared 
with the properties of the material selected for the prevailing conditions. 
Figure 6,4,7 shows material reviewed for the application. 

The shroud and blades are machined integral from the disk forg- 
ing.   The stress in the shroud dictated the material finally selected for the 
disk because of their higher stress condition.   The material selected is 
high strength (Cr-Ni-Mo) forging material, which has an ultimate strength 
of 150,000 psi and a vield strength of 125.000 psi.   The material, there- 
fore   has a strength without heat treating excessively, which provides 
material condition having the most ductility and highest material damping. 
The additional criteria normally used for the selection of disk material is 
the creep rate.   The maximum temperature of the shroud is 451°F maxi- 
mum   which is low enough that creep will not be significant. 

Section 6.4.1 of this report describes condition one, the startup 
condition, and condition two. the normal operating condition.   The start- 
up condition when the disk is cold and the shroud is hot is the worst 
stressed condition.   The use of the high strength material is necessary 
for this short time operation, assuming that no pre-heating of the disk is 
tobe accomplished.   Also, to meet the criteria established of not exceed- 
ing the rupture modulus by more than 50 to 60 per cent, it is necessary 

I 
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TABULATION OF DISK STRESS 

AND DEFLECTION AT 12.000 RPM 
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r  =  180 + 3.67 
9 = .28, lb/in 

x 1.59 
3 

°F 

Radius 

No Thermal Gradient 
Disk Thick- 
ness at the 

Given Radius,      <r          XT± 

Inches 

With Thermal Gra 
Radial 
Growth 

Mils           Ar        \ 

11.857 0.875 5000 27721 9.97 5000 12386 

11.5625 0.875 8100 28771 9.96 8160 14017 

10.625 1.25 18741 32618 9.70 19967 20605 

9.5 0.90 32347 38592 9.24 39177 39830 

9.25 0.91 35200 40000 9,00 37500 32988 

9.0 1.00 37000 40800 8,75 39400 33725 

8.5 1.10 39300 41318 8.28 42700 35049 

8.0 1.18 40458 41115 7.84 44412 35893 

7.0 1.44 42131 41558 6.92 46489 38397 

6.0 1.70 42767 41665 5.75 47417 40373 
5.0 L98 43531 41519 4.75 48478 41901 

4.0 2.20 43576 40900 363 48738 42723 

3.0 2.50 43581 39768 2.57 43950 42772 

2.0 3.00 41458 36504 1.52 46755 40196 

1.595 4.0 34754 33780 1.17 39264 37496 

0.75 3.4 33607 35628 .60 38116 40212 

0,0 3.4 36tk;0 36600 0 41590 41591 

Radial 
Growth 

Mils 

0194 

Average Tangential Stress = 38132 psi 

FIGURE 6.4.6 
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to use the higher strength material in condition two, the normal operating 
condition. 

It is possible to pre-heat the disk and reduce the stress in the 
shroud, thereby using a less expensive, more available material, such 
as 4340.   The decision of whether to use the less expensive, more readily 
available material will be made in the final phase of this design after a 
more thorough thermal analysis is accomplished in the disk and shroud 
areas. 

Thermal stress in the disk was investigated in areas where axial 
thermogradients exist. 

The areas of concern are as shown and the temperatures assumed 
for the analysis are listed for condition one, normal condition. 

490.0 

378.0 

T-j = 300.0 

400.0 

T, - 350.0 5 
T6 = 300.0 

340.0 

T8 = 375.0 

T0 = 459.0 

The gradients are controlled by water cooling the sides of the disk 
below seal 3 and therefore the major portion of the disk is not subjected 
to axial thermogradients. 

The areas above seal 3 will have axial thermogradients.   The 
differential temperature across the disk is linear and will not exceed 
100°F with the exception of the local areas under the seals.   The equation 
for the thermal stress is: 

^T = 
oc At E 
2 (i -JTT 

Using this equation and assuming a linear gradient, the stress 
was calculated to be 13,690 psi.   The deflection, or dishing, of the disk 
and shroud from this thermogradient is approximately . 0008 inch and 
tho resulting slope is   00006 radians. 
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Under the seal face there is a local heating of the seal surface.   The 
thermal map provides the thermal gradient and is expressed as a hyper- 
bolic curve for this analysis.   Assuming a hyperbolic distribution, the maxi- 
mum thermal stress is 20,535 psi, based on the following equation. 

£> 30CAt E 

This stress is a local stress and will not appreciably increase the 
dishing of the disk. 

The stress and deflections from the bending moments applied to the 
disk from the thrust load were calculated and found to be insignificant. 
The bending moments applied to the shroud were considered significant and 
have been calculated in Section 6.4.1. 

The three seal mating surfaces are machined integral with the disk 
sides, requiring a lapped surface whose normality is held close to the growth 
journal diameters of the shaft.   Excess material is available on the seal 
faces for refinishing if the seal faces become inadvertently scored or 
scratched.   Also included in the profile of the disk are balance ribs where 
the balancing material is removed without penetrating the disk profile, 
jeopardizing the structural integrity of the disk,, 
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6.4.3   Turbine Casing 

The L V F   turbine casing was designed as an ASME coded pressure 
vessel, where applicable.   This procedure conveniently defined the 
cylindrical and end wall thicknesses, reinforcement, corrosion allowance, 
and fillet radii.   The items thusly defined provide the basic configuration. 
The material was also selected at this point as ductile iron, grade 60/45. 
Ductile iron is universally used in castings of pumps and turbines and is 
readilv available at many casting facilities.   This material has high duc- 
tility and can be welded if necessary.   The material properties are listed 
in the Figure 6.4.8. 

The calculated stress and deflection values in cylinder, flat head, 
and ribs are listed in Figure 6.4. 9, 

Distortion due to thermal expansion was alleviated by designing the 
casing axially symmetric.     In addition, the inlet and exit scrolls are 
attached by long thin wall tubes in order to reduce the bending moments 
applied to the casing from thermal growth of scrolls.   The turbine is 
mounted by a standard 13.0 inch bolt circle flange and is further supported 
by a wobble foot that supports the weight of the turbine but does not restrain 
the free axial thermal growth. 

The material of the seal cartridge was selected such that the result- 
ing expansion of the seal cartridge and the casing that surrounds it would 
have equal thermal expansion.   This was accomplished by determining the 
temperature distribution of the casing and the seal cartridge area and then 
selecting a material for the cartridge that would result in compatible ther- 
mal growth. 

Figure 6„2„3 shows the thermal map of the seals, shroud, and 
inlet and exit area.   The casing temperatures from the inlet side to the 
exhaust side are different and can cause distortion.   It is intended to add 
cooling on the inlet side of the casing to reduce the thermal difference 
to a tolerable level.   This further design and thermal analysis will be 
accomplished during the final design phase of this design effort. 

The cooling baffles that surround the disk are secured at the bottom 
only, allowing free expansion of the baffles, thereby preventing bending 
moments from being applied to the support housing of the seal cartridge. 

The ribs included in both the inlet casing and the exit cover are 
provided for three primary reasons:  (1) as described in the vibration 
section, the ribs add support stiffness essential to the reliable prediction 
of the critical speed; (2) they reduce the deflection and resulting stress 
in the casing junctures; and (3) they prevent distortion of the casing from 
local thermogradients, such as the no/.zle inlet. 
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PROPERTIES OF DUCTILE IRON 60-45 

Compression strpngth 
Ratio of compression yield strength to tensile yield 
strength (approx.) 

Endurance Ratio (E.L./T.S.) 
Unnotched 
Notched 

Modulus of elasticity in tension, million psi 
Modulus of elasticity in torsion, million psi 

Shear strength 
Ratio of shear strength (in torsion) to tensile strength 
(approx.) 

Proportional limit, in. psi 

Poisson's Ratio 

Thermal Expansion 
Mean valve im /in„ /°F x 10"   over the temp, range 

68-212°F 
68-392°F 
68~572°F 

Damping Capacity 
Intermediate between cast iron and steel 

Densitv 
lbs/cu. in„ 
lbs/cu.ft. 

1.2 

, 45 to . 55 
25 to .35 

23-26 
9„2-9„5 

0.90 

31,000 

0.28-0.29 

6.2 
6.8 
7.1 

Approx. 1. 8 to 
2.0 times 
that of steel 

0.245-0.26 
423-449 

I 
FIGURE 6.4.8 
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6.4.3.1    Inlet Casing 

The inlet side of the casing (Figure 6.4.10) for this analysis is 
treated as a cylindrical vessel with a flat head.   With this model the ap- 
proach is to calculate the discontinuity stresses at the juncture from the 
edge forces and bending moments.   The model assumed for the analysis is 
shown below. 

TQo CYLINDER t 
Oil HI 1 

( timn 

y/i, I; M< 

T 

FLATHEAD 

From Reference 6.4.6 the equations for the deflections and 
rotation are expressed in the forms : 

M0a5 + QoQ-6 
Pd 

-h 
a . -   Moai    .   QoO.2 

Pd2 4                o      +" 
P d2               Pd 

M0b5 + Qo t»6 

Pd 
— 

MObl     ,    Qob2          h 

Pd2 Pd2              Pd 

(FLAT HE AD) (CYLINDER) 

a 

where quantities a^, a2, ao, bj_, b2, and bg are influence numbers for 
the flathead and a.§, ag. a^, be and bg are influence numbers for the 
cylinder.   Solving the two equations simultaneously provides the bending 
moments M0 and shear force Q   used to calculate the final stress at 
the junction.   The stress ratios in the cylinder are: 

Shear 

Axial I 

Qo 
Pd 

AJ = 1 + 12* 
Mc 
Pd: 

I 

Circumferential (hoop) 

I CJ =    l+2Bd GaM + I2/Uf Mo 
Pd: 
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COVER   EXIT    END 

INLET    CASING-^ 

\ 
I. 

riGURE   6.4.10 
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I 
I 

Stress ratios in the head: 

Shear 

Axial 

SJ 

I 
4T 

_   2t 
AJ %h'aW Ms _ So /_T_ 

Pd2       Pd V2d 

HoopICJ=4i|%|+12|(i)2^-^(S)-(^) 

I 

The ribs included in the inlet casing are designed to share 50 
per cent of the pressure load.   For this analysis they are assumed to be 
acting like fixed-fixed beams.   From Reference 6.4.3 the equation for 
the deflection of one rib is: 

Y*=^    £f2(^*-{>-X*) 

IT I t 

"1 

w = total load, lb 

t. = thickness of rib 

Z  = length of rib 

The calculated stress and deflection in the ribs and head juncture 
are provided in Figure 6.4.9. 

6„4.3.2    Cover Exit End 

The exit end cover is required to contain the pressure, support 
the journal and thrust bearings, and provide access to the disk and seal 
assemblies.   The cover has vanes for directing the flow and providing 
openings for the free flow of exhausted steam.   The vanes supplement the 
ribs in providing attachment to the lower plate (see Figure 6.4.10). 

Analysis of the stress and deflections required that a composite 
analysis be formulated which would provide the exit end deflections, yet 
provide the stress in the vanes.   Equations 1 and 2 provide the information 
that is tabulated in Figure 6.4.9. 

I 



j 

I 
I 
I 
I 
I 
I 
I 
I 
I 

142 

6. 5    MECHANICAL DESIGN 

The mechanical <.iesign requires strict attention to disk and seal face 
alignment; that is, 'he disk mating surface must run as parallel as possible 
to the seal face    Th.s critical relationship is assured through five primary 
considerations, 

1. Designing a sectored fluid film, positive stiffness face 
seal with a secondary seal that is nearly frictionless and 
capable of compensating for force and moment unbalance. 

2, Designing the journal bearings to provide a minimum 
angular misalignment and adequate stiffness. 

3. Designing the thrust bearing to provide the proper axial 
stability and to retain alignment of the disk and seal 
face, 

4, Balancing the thrust load on the disk by establishing 
the radial position of the third seal. 

5    Designing the casing to minimize distortion, deflection, 
and to include provision to obtain the necessary clear- 
ances and alignment. 

This section presents the preliminary design based on the above 
considerations and includes FIRL's mechanical design of the controlled- 
leakage seals, journal bearings, and thrust bearings. 

6 5 1     Design and Performance 

Sheet 5 of Section 10 is a layout of the sectored seal with the 
hydrostatic secondary.   The primary dimensions of the sector have been 
sized by accurately force and moment balancing the sector for normal 
operating conditions.   Locations of the center of pressure of both the 
interface and sectored fluid films were obtained by computerized analy- 
sis which will be subsequently described 

Each sector has an angular extent of 15° and a series of 11 orifices 
of   012 inch     in diameter are machined into the face of each sector.   The 
fluid being sealed feeds the orifices    The orifice holes emanate into a 
0 050 inch diameter recess, 0. 001 in   deep at the face.   The recess in- 
sures tiiat the major flow restriction occurs in the orifice and not in the 
i'ilm    True orifice compensation results in improved stiffness over the 
inherent type 

During normal operation the seals are held in place by the high 
pressure of the sealed fluid, which pre-loads the sectors against the 
secondary seal ring that contains the feed orifices.   For seal No. 1, a 
»arier spring holds the sectors in place when the system is depressurized. 

J 
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An jxi.il spring insures (Insure in the absence of hydraulic pressure. 

I The secondary hydrostatic seals are integral with the seal ring. 
A series of inlet holes are fed from a common steam inlet manifold.   The 
holes do not terminate at a recess, because the higher supply pressures of 

I the secondaiy seal could precipitate pneumatic hammer     The restriction 
is formed by the curtain area of the cylinder of steam in the clearance space. 
The clearance sensitivity of the restrictor produces inherent compensation 
which materially reduces chances oi pneumatic hammer at the expense of 
film stiffness.   The small film thickness associated with this seal however, 
insures adequate stillness even though the compensation is inherent. 

It is essential that the major seal components be of similar 
materials so that thermal expansion problems will not be encountered. 
The materials selected are the same as the turbine rotor, namely 4340 
steel.   An aluminum oxide coating on both the seal and rotor interfaces 
assures excellent protection irom rubbing at start-up and shut-down and 
lor momentary rubs at high-speed. 

6. 5 3  1     Steady •State Performance of the Hydrostatic Primary Seal 

Extensive steady-state performance has been developed for pri- 
mary seai 1     Figure 6 5 1 show   appropriate nomenclature and dimensions. 
The performance curves shown on Figure 6. 5. 2  show load per sector, 
total friction horsepower loss and fotal leakage, as a function oi the aligned 
film thickness.   The leakage includes the estimated loss between sectors. 
At the design condition performance is as follows: 

Film Thickness, h • 1 mil 
Total Leakage, QT - 0 045 lbs/sec 
Load Per Sec tor, Wp - 99  5 lbs. 
Total Friction Horsepower Loss,  FHPT = 2.75 HP 
Sector Film Stiffness, Ka = 17,000 lbs/in. 
Shaft-Speed, N * 12,000 rpm 
Sealed Fluid Pressure, Ps = 95 psia 
Ambient Pressure, Pa - 2 psia 

Figure 6. 5 3 provides additional performance as a function of the aligned 
film thickness, h     Mx is the moment of the fluid film thickness about the 
x axis, as shown in Figure 6. 5 1.   At the design film thickness of 1 mil, 
there is slight residual moment due to rotation of the turbine disk.    The 
value of the moment is 0. 28 in-lbs     This moment will produce a slight 
tilt of -he sector     The MJ.. about the y axis is much larger, but this mo- 
men1 is coun'erbalanced by hydraulic forces acting on other sections of 
the seal     The location o   the center of pressure is identified by 6CD and 
r( p     Figure 6 5. 4 indicates periormance as a function of the angular tilt 
abou' the v axis     The maximum tilt at the design film thickness is 0.851 
xlO    i id .  so that the curves represent operation over a range of about 
hall the maximum til* allowable    Within tie range indicated on Figure 
G 5 4 peil'ormance is no* ma»eriallv affected     Figure 6. 5. 5 show 
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NOMENCLATURE       AND     DIMENSIONS 
HYDROSTATIC       PRIMARY        SEAL 

OF 

I 

RECESS      DlA.^.O^" 
RECESS    DEPTH=.OOl" 
ORiriCE     DIA. =.Ol2" 

CENTER     OF 
PRESSURE 

eCP    IN   ANGULAR 
DIRECTION 

rcP   IN    RADIAL 
DIRECTION 

Y 

OCx    AND      OC Y     ^^E      TURBINE DISK        TILTS 

ABOUT ORTHOGONAL AXES THROUGH       CENTER 
O^ ROTATION 

Mx    AND     My      ARE      MOMENTS ACTING        ON 
SEAL 

FIGURE   6.5.1 
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MOMENTS,   CP      VS.   FILM     THICKNESS 
AT     DESIGN      OPERATION 

r0 = n.T5 N. 

rL= 11.25   IN. 

OCx = 0.O  RAD. 
OCY = 0.0 RAD. 
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FIGURE   €>.5.3 
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variations in moments and center of pressure as a function of the angular 
tilt of the rotor oc.    Note that the moment about the x axis is considerably 
affected by an angular tilt about the y axis.   However, thrust capacity also 
increases (Figure 6. 5. 4) and this insures axial displacement of the sector. 
The moment M'  will be counter-balanced by the righting capability of the 
hydrostatic secondary seal.   Figures 6. 5 6 and 6. 5, 7 show performance as 
a function of the yaw of the shoe oC^    Again, primary performance is not 
materially affected by yaw except for the tilt moment about the x axis as 
shown on Figure 6 5. 7    This will cause motion of the shoe in the yaw mode. 
The degree to which angular motions affect sector motions were determined 
by dynamic studies,. 

Steady-state performance for a 30 degree Rayleigh-step sector 
seal was also established.   Results are indicated in Section 12.1. 

Section 12. 2 contains derivations for leakage between sectors. 

6, 5.1 2     Steady State Performance of Hydrostatic Secondary Seals 

The same computer program used to analyze the primary seal 
was employed for analyzing the secondary seal.   Although the program was 
designed for handling a thrust sector, input can be manipulated so that the 
cylindrical secondary seal could be simulated    By using large radii and 
uniform film thickness, a flat plate is approximated which closely resembles 
the secondary seal area.    For purposes of the analysis, orifice compensa- 
tion was employed since this is the only type of compensation that the com- 
puter program can handle. 

The geometry of the secondary seal is shown on Sheet 5 of Section 
10. 0. Analytically, the first determination was the restrictor size.   Figure 
6. 5. 8 shows pertinent performance as a function of the orifice diameter. 
The primary consideration is determining what orifice size to use to pro- 
duce reasonable stiffness     From Figure 6. 5. 8, an orifice diameter of 
0. 0025 in. was selected.    This produced a compromise between minimum 
and maximum recess pressures so that adequate stiffness would be avail- 
able,   and also the leakage was very small.   Note that the selected film 
thickness of 0. 0002 in. is extremely tight, but since the sector is not 
captured and free to float in one direction,this small film thickness is 
easily realized.,    Figure 6. 5. 9 shows performance as a function of film 
thickness    Performance is excellent, as the tabulation below indicates. 

I 

A major deficiency of the concept analyzed is the small orifice 
size.   In addition to manufacturing difficulties, the possibilities of clogging 
are prevalent.   To offset this problem,it was decided to change the type 
of compensation from orifice to inherent»   This is accomplished by equat- 
ing the curtain area in the film to the hole area calculated on the basis 
of full orifice compensation.   Thus, 

An  = Ai (6.5-1) 
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SIZING      ORIFICE       FOR       STEAM      SECONDARY    SEAL 
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SECONDARY      SEAL    PERFORMANCE    AS 

A      FUNCTION    OF   AXIAL     CLEARANCE 
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7Td0
2 

Tfdh (6.5-2) 

where        d0    =   orifice diameter for full orifice compensation = 
.0025 in 

d      =   orifice diameter for inherent compensation 
A0   =    restrictor area for orifice compensation 
Aj    -    restrictor area tor inherent compensation 
h      •   film thickness = 0.0002 in 

Solving for d in equation(6. 5-2; yields 

d - 0.00781 in. 

The conversion to inherent compensation is accomplished at a 
sacrifice in stiffness, but since there is a considerable excess of stiffness 
with the orifice seal, there is no significant penalty.   Based on prior ex- 
perience, the stiffness of the inherently compensated seal is about 2/3 of 
that of the orifice compensated type    Predicted performance for a 15 de- 
gree sector at design conditions is as follows: 

Film thickness, h = 0,0002 in. 
Supply pressure, Pg = ?.50 psia 
Orifice size, d = 0.00781 in. 
Sector load, W = 386 lbs, 
Leakage/Sector, Q = 0. 000084 lbs/sec 
Recess pressure, Pr = 184 psi 
Sec toi stiflness, K - 103, 500 lbs/in. 

6 5 1  3     Dynamic Performance 

The true test of the seal design is to establish whether its be- 
havior is acceptable in the dynamic environment to which it is subjected. 
A 2 ft. rotor spinning at 12, 000 rpm can certainly introduce difficult vi- 
bratory forcing functions.   Using an accurate and proven computerized 
analysis, called the time-transient method, which is described in the 
analytical section of this report, the tracking capability of a single sector, 
in response to various nutations of the rotating runner was tested.   The 
sector was considered to be supported by friclionless secondary seals. 
Operating speed was 12,000 rpm and steam conditions were at normal 
operations.    Figure 6. 510 shows the sectors analyzed and the principal 
axes of rotation about which the sectors could rotate.   A maxi aum of two 
degrees of freedom were considered pertinent.     These were axial motions 
ol (he sector and yaw rotations about the y axis (Figure 6. 5.10). 

A total of 10 computer cases were run, and it was as a result 
n| the dynamic runs 'hat some prime candidate configurations were elim- 
inated. 



i 
I 

SEAL        SECTOR       NOMENCLATURE 
155 

CASE 

eP= is" 
NO.     OF    ORIFICES *= M 

CASE     2 

Sp = 30° 

NO.   or    STEPS =   3 
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CENTER OF SEG- 
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X 
Y    MOMEN' 

X'   MOMEN" 

THE 
POR 

FOLLOWING PLOTTED        RESULTS        ARE 
ONE SEGMENT        ONLY 

FIGURE    G.5.10 
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The most important run was case 10 because it decided the final 
selection of the 15 degree hydrostatic sector.   Seal No.  1 was analyzed with 
dimensions shown on Sheet 5 of Section 10 0,   The following conditions apply. 

Seal Fluid pressure = 95 psia 
Ambient pressure     - 2 psia 
Collar nutations        = .001 TIR 
Degrees of freedom - 2 (axial, yaw) 
Shaft Speed, N =12,000 rpm 

Figures 6. 5.11 and 6. 5,12 are wheel nutations about the y and x 
axes respectively.   As expected, they are 90 degrees out of phase.   Am- 
plitudes in radians corresponds to . 001 in. TIR.   (The odd scale, for an- 
gular motions resulted because of an error in the automatic plotting routine 
in converting from non-dimensional values).   Figure 6. 5.13 shows sector 
response in the axial mode.   Note the total amplitude of translation is 0. 001 
imprecisely equivalent to the wheel nutation.   The motion is exactly in 
phase with rotation about the x axis.   Thus the sector is following shaft 
movements extremely well.   Further verification of the excellent tracking 
capability of the sector is afforded by the yaw of the sector about the y 
axis as shown on Figure 6. 5.14.   This mode is in-phase with that of the 
turbine rotor at a considerably smaller amplitude.    Figure 6. 5.15 shows 
sector leakage as a function of shaft revolutions.   After initial transients 
(resulting from assumed starting conditions) die t'e sector leakage settles 
to a mean value of 0. 0015 lbs/sec.   This corresponds to a steady-state 
leakage of 0. 00152 lbs/sec. at a one mil. uniform film not including gap leak- 
age.   The fluid-film force on the sector oscillates about the 99. 5 lb. level 
which is precisely the value computed on the basis of the steady-state an- 
alysis, and of course is equal to the hydraulic closing force acting on the 
seal     Figure 6. 5.16 shows the fluid-film moment about the y axis.   The 
y moments cause well-controlled motions about the y axis as was pre- 
viously discussed. 

In summary, the two degree of freedom dynamic analysis shows 
the 15 degree hydrostatic sectored seal to behave extremely well, essen- 
tially in perfect unison with the forcing function. 

A summary of dynamic cases  is   shown on Tabulation 6. 5.1, and 
plotted resul's are included as Section 12. 3.   In the various cases a number 
of things were varied.    First, two types of seals were investigated (1) the 
15 degree sector hydrostatic orifice seal and (2) the tri-Rayleigh step sec- 
tor of 30 degrees angular extent.    For a number of cases mistaken in- 
ertial values were used, which contributed to the instability    These cases 
are appropriately asterisked in Tabulation 6. 5. 1,   Another variable was 
the number of degrees of freedom.   In some cases only the axial mode 
was permitted; in the others, yaw was included to more closely resemble 
the actual situation. 
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2,        The 15° hydrostatic sector was found to be stable 
1 in two degrees of freedom with a 0. 001 TIR run out 
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The variable DT is she non-dimensional time-step.   A time step of 
Tf/40 means thai there are 40 time intervals lor each shaft revolution.   The 
coarser time step of if/40 was acceptable in all cases that it was utilized ex- 
(ept tor case 7 whic h was run to determine the stability characteristics of the 
hydrostatic secondary seal     In this case, the unstable result was attributable 
to the coarseness ot the time stop    With regard to the1 complete set of dy- 
namic runs, (he tollowing conclusions are formulated. 

1 In no case could a large misalignment approaching 
0 005 TIR bo tolerated. 

3 The hydrodynamic geometry was not properly test- 
ed when reduced to 15°, 

4. The 30° sector would not respond properly in two 
degrees o! Ireedom. 

5. Masses and inertias were computed on the basis 
of steel as the sector material. 

6        The hydrostatic secondary seal was not properly 
analyzed lor pneumatic hammer stability although 
it is lelt that the use of inherently compensated 
orifices should avoid this problem 

6 5 1.4     Bearing Per lor ma nee 

The recommended journal bearings are the three shoe, pivoted- 
pad type,  with the top shoe spring loaded to accommodate thermal and 
centrifugal expansions of the shaft.   These bearings have adequate load 
eapacity and will a^oid whirl tendencies.   Recommended pre-loads result 
in adequate stiffness in all directions at the operating position. 

The thrust bearing is also of the pivoted-pad type.   It is a com- 
pletely captured bearing with eight pads on each bearing surface. 

Analysis was accomplished on the basis of laminar theory, and 
corrections for turbulence made by using information in the literature. 
Also, for the journal bearing, a few computer runs were made with a tur- 
bulent bearing computer program,  for load capacity only    No turbulent 
corrections were made to the thrust bearing load capacity, because it was 
difficult to find reliable information    Also, there is ample safety margin 
with respect to load c ipa< jty. and turbulence will further improve load 
capacity 

6 5 2   Journal Bearinus 

Both 3x3 and 4x4 (length x width) bearing pads were investigated. 
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I Tabulation 6. 5 2 is a summary of the journal bearing performance.    Indicated 
■ are friction horsepower per bearing both at zero and full load conditions, 

stiffness at zero and full load, minimum film thickness at zero and full load, 
I pivot film thickness, pre-load, first rigid body natural frequency, and re- 
■ quired flow to limit the temperature rise due to viscous triction to 10°F. 

1 Our recommendation is to use the 4x4 bearing    Stifiness and mi i- 
■ imum films are very good.   The friction horsepower per bearing is about 7 

hp, and the required flow to 'he bearing cavity is 3. 5 gpm.   The first rigid 
| body critical occurs at about 15, 000 rpm     We are uncertain of the signifi- 
■ cance of this because without a complete dynamic analysis the effect of 

squeeze film damping is unknown.    In any event, the critical frequency of the 
I 4x4 bearing is furthest from the operating point than with the other bearings. 

Note that the pre-load is fairly high and hydrostatic liftoff will pro- 
bably be required 

Performance curves for each of the bearings investigated are attached. 
On one set of curves,  Figures 6. 5.17 through 6. 5.19, friction horsepower, 
minimum film thickness and load are plotted against eccentricity ratio.   Dis- 
placements were taken between pads and directly at the spring loaded shoe. 
The lat'er case is not applicable to the horizontal rotor, but is included for 
completeness    The second set of plots,  Figures 6, 5 20 through 6. 5.22, 
shows temperature rise versus flow to the bearing cavities.   We have assum- 
ed «hat the bearings will operate in flooded cavities and the heat of viscous 
Iriction is entirely convected by fluid flow. 

6 5. 3    Thrust Bearings 

The thrust bearing geometrical data and operating condition perfor- 
mance is shown on Tabulation 6 5 3     The performance information is for 
the pre-loaded pair and not just for one side.   Note that turbulent horse- 
power is estimated at 11     This plus 14 for the two journal bearings gives 
a total horsepower loss of 25. about 3 percent of the turbine output     Re- 
quired flow for cooling is approximately 6 gpm.   A total of 13 gpm is nec- 
essary for both journal and thrust bearings. 

Complete performance curves are included for the pre-loaded pair, 
Figures 6 5 23 'hrough 6 5 26    Individual performance of each bearing 
side is also included on all curves except flow versus temperature rise. 
The flow on this curve is the total flow lor both sides    The following curves 
are included. 

a Load vs   Pivot Film Thickness.  Figure 6. 5. 23 

b. Friction Horsepower vs   Pivot Film Thickness.  Figure 6.5.24 

c. Minimum Film Thickness vs   Pivot Film Thickness,  Figure 
6 5 25 

d        Total Flow vs.  Temperature Rise.  Figure 6. 5.26 
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SINGLE    BEARING     PERFORMANCE     VS. 

ECCENTRICITY       RATIO 
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BEARING     PERFORMANCE    VS.    ECCENTRICITY 

RATIO 

e" = ECCENTRICITY 
PIVOT    CLEARANCE 

NO. OF  PADS = 3 
DIAMETER  = 3 IN. 
LENGTH = 3 IN. 
PAD    ANGLE   = IOO° 
PIVOT     CLEARANCE = .001    IN. 
MACHINED-IN    CLEARANCE = .00 2   IN. (RADIAL) 
  BETWEEN     PADS 

.a 
€    =   ECCENTRICITY RATIO 

FIGURE    fc.5.19 
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TILTING    PAD     JOURNAL    BEARING 

SINGLE      BEARING      FLOW     VS.   CHANGE 
IN     TEMPERATURE 

NO,   OF    PADS =3 
DIAMETER  =   A IN. 
LENGTH  = 4   I N. 
PAD    ANGLE   =  |00° 
PIVOT     CLEARANCE   = O.OOI5 IN. 
MACHINED    IN     CLEARANCE= 

0.003    IN.  (RADIAL) 

NOTE : 
TEMPERATURE    CHANGE 

DUE     ONLY      TO    SINGLE 
BEARING      FRICTION 
HORSEPOWER . 
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TEMPERATURE     CHANGE,  AT   (°F) 
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TILTING   PAD    JOURNAL     BEARING - SINGLE 

BEARING   FLOW    VS.   CHANGE    IN   TEMPERATURE 
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MACHINED-IN     C LEARANCE^ .002  IN. 
(RADIAL) 

PIVOT     CLEARANCE  =,0OI    IN. 

10 20 25 

TEMPERATURE      CHANGE,    AT,   6F 

FIGURE    G.5.2.2 

MACHINED- IN   CLEARANCE =.0025   IN. 
(RADIAL) 

PIVOT    CLEARANCE - .O0I25    IN. 

5 10 15 20 25 

TEMPERATURE     CHANGE,    AT,   °F 

FIGURE    G.5.2.1 
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TILTING PAD THRUST BEARING SUMMARY 

FOR OPPOSED PAIR BEARING OPERATION 

Operating conditions 

Shaft speed   = 12.000 rpm 

Viscosity        : 0.455 x 10"6 lb"sec (water at 200°F) 
in' 

Load 400 lbs 

Geometric parameters 

Number of pads    = 8 

Pad angle = 40 o 

Groove angle = 5 

Outside diameter = 8 in. 

Inside diameter    = 5-1/4 in. 

Pivot position       = 24° from leading edge 

= 6-5/8 in. diameter 

Performance parameters 

(under load = 400 lb) 

Friction horsepower =  12.7 HP 

Film thickness = 0.00239 in. 

Total inlet flow =14.2gpm   (AT 

Total inlet flow =6.4gpm     (AT 

4.05°F) 

10°F) 

TABULATION    6.5.3 



TILTING PAD THRUST BEARING 173 

OPPOSED PAIR BEARING LOAD VS 
PIVOT       CLEARANCE 
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OPPOSED     PAIR     BEARING    FHP    VS      PIVOT 
CLEARANCE 
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VS.      PIVOT       CLEARANCE 
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NO.   OF    PADS - 8 

PAD    ANGLE =4-0° 
INSIDE    DIAMETER = 3 IN. 

OUTSIDE    DIAMETER = 6 IN. 

NOTE:   TEMP.     CHANGE 
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(CONCENTRIC      POSITION) 

14 

I 
Q. 
IP 

CO 

o 
J 
U- 

z 

< 

Ü3 

10 

10 20 25 

TEMPERATURE       CHANGE,   AT,    °F 

FIGURE   fe.5.26 
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6.5.4   Thrust Load Balance 

A significant force exists on the inlet side of the turbine disk that 
must be balanced bv radially positioning the exit seal (Figure 3.1.1). 
This total forco is caused bv the pressure differential across the blades 
and disk, and the pressure distribution under the seal faces.   A balancing 
force exists because of the pressure load on the exit side of the turbine 
disk»   This balancing force is a function of the pressure on the exit side, 
the radial position of the third seal,, and the pressure distribution under 
the seal face. 

The differential thrust is sustained by the thrust bearing during 
operation.   The thrust load during normal operation is 400 pounds down- 
stream. 

The equations for the force on the inlet side Fj and the force on 
the exit side F2 are as follows: 

Fi  = Z force on inlet side, lb 

I F
I=TT[(' r

2^(X^).U-rlVJrUA(^Po0n<i 

and       F    = *£ force on exit side, lb 

F2 =17 
, , P~ + p 

rT - r. I P. +  fr" - r' 
2      2 \ (^e + ^cond ]    TL 

"4 " V ^e +   \re - r5y ^ § y+ TjfJ 

Force oi  /.hrust bearing is 400 lb 

Therefore      Fl - F2 = 400 lb 

Substituting the expression for F* and F2 and the values of Pj, P    and 
Pcon(j into the above relationship provides the following equation for the 
unknown radius rg (Figure 3.1.1) 

2 
R6 -   „718 RL -   105.503 

R6 =  10.637 

Positioning the third seal at    R^ -  10.637 balances the force on the 
disk to within 400 pounds with a positive 50 pound load directed down- 
stream in order to prevent thrust reversal. 
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6.5.5   Steam Wetness 

The total he*-   iddition necessary to vaporize the wetness in the 
exhaust steam wab evaluated to be ß.7 BTU per pound of steam.   Heat 
addition to the steam in the area between the rotor blades and the seal 
was evaluated by determining the turbine disk friction in this area by the 
equation given in Section 3.1.1.   The magnitude of the disk friction was 
calculated to be 9.7 HP., or about 7 BTU/sec.   This heat is added to the 
steam flow comprised of seal leakage and recirculation occurring at the 
roior exit, and is adequate to vaporize all wetness in the exhaust steam 
reaching the seal as long as the total flow rate in this area is less than 
about one lb/sec.   The conclusion reached as a result of the above analysis 
was that wetness occurring in the area of the rear seal can be eliminated 
by restricting recirculation at the exit of the *urbine rotor, between the 
rotor blades and the rear seal.   To this end, a reasonably close running 
clearance at the root of the rotor blades was included in the turbine design. 
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7 0       CALCULATIONS 

This section includes examples of the calculations performed to 
obtain the results presented in Section 6. 0 of this report.   The symbols 
used are listed on pages x through xiv, and where the symbols were unique 
to the particular section, a more detailed list is provided in the individual 
section.   The computer programs are included where the analysis was per- 
formed by computer and the necessary terminology included in the appro- 
priate sections.    The calculations were demonstrated in those areas where 
the LVF turbine was unique, where derivations of equations were required, 
and where the calculation was difficult enough that the procedure should be 
demonstrated 

The calculation procedure and computer program description for 
the controlled-leakage seal submitted by FIRL and the terminology unique 
to FIRL's analysis is included in Section 7. 5. 
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7o 1    AERO-THERMODYNAMIC ANALYSIS 

This section presents the method of calculation used during the 
L V F turbine analysis and design.   These calculations are used to deter- 
mine the turbine's design and off design performance and to establish the 
design parameters of the turbine.   The equations as presented in this 
section were programmed for digital computer operation and two IBM- 
1130 computer programs were developed. 

One program requires that the seal diameters be a part of the input 
so that seal locations can be varied.   This program is identified in the 
equations as B/N-6.    The other program performs a force balance for 
any desired load on the thrust bearings and will then determine the dia- 
meters of the seal located on the exhaust side of the turbine.   Seal length, 
thrust load, and rotor inlet seal spacing are required as inputs.   This 
second program is identified as B/N-6-1. 

These programs calculate the turbine design point performance 
as determined by the design point value of velocity ratio.   The turbine 
diameter and basic nozzle dimensions are also calculated.   Values of 
off design velocity ratio (U/C0) can be input so that off design perform- 
ance will be evaluated based on the turb^e configuration determined 
from the design point calculation. 

Parasitic losses such as disk friction,, seal leakage, and seal 
friction are calculated so that a real turbine efficiency can be determined. 

The seal leakage and seal friction losses are based on hydrostatic 
seal performance equations as supplied by Franklin Institute. 

In both programs, the option of round nosed or sharp nosed blades 
can be selected.   The nozzle loss coefficients used in the program are 

| based on data from Reference 7.1.1 for round and sharp nosed blades at 
various incidence angles. 

i 

I 
I 
I 
I 
I 

Following is a list of the equations used in the programs to calcu- 
late the turbine's performance.   Figure 7.1.1 gives the symbols and 
nomenclature for these equations.   Figure 7.1.2 shows the design point 
input and output data from the computer using the following equations. 

Figure 7.1.3 shows the thermodynamic H-S diagram for the cycle 
and the velocity triangles through the turbine for the design and off 
design cases. 
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Parameter Symbol 
FORTRAN 

Symbol Dimensions 

Input Data 

1. Inlet pressure Po P0 psia 

2. Inlet temperature To T0 Op 

3. Inlet enthalpy H 
0 H0 BTU/lb 

4. Rotor inlet pressure pl PI psia 

5.  Rotor inlet temperature Tl Tl oF 

6. Rotor inlet enthalpy Hl HIP BTU/lb 

7.  Rotor Met specific volume iTj VIP ft3/lb 

8.  Rotor exit pressure P2 P2 psia 

9.  Rotcr exit enthalpy H2 H2P BTU/lb 

10. Rotor exit specific volume 1T2 V2P ft3/lb 

11.  Rotor exit temperature T2 T2 °F 

12. Condenser pressure p 
cond PCOND psia 

13. Gas constant (steam) R R ft/°F 

14. Average steam viscositv 
(Seal i) 

Afi AMU1 lb/ft - hr 

15.  Average steam viscositv 
(Seal 2) Afi AMU2 lb/ft - hr 

16.  Average steam viscositv 
(Seal 3) Af* AMU3 lb/ft - hr 

17. Condenser steam specific 
volume 

^cond VCOND ft3/lb 

18.   Horsepower HP HP - 

19.   Turbine speed RPM RPM Rev/Min 
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r 
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i 

Parameter Symbol 
FORTRAN 

Symbol Dimensions 

Input Data 

20   Estimated turbine 
efficiency 

VE EFFE - 

21. Nozzle coefficient V N PSIN - 

22. Rotor coefficient y R PSIR - 

23. Rotor blade exit angle ?2 BETA2 Degrees 

24. Rotor blade inlet angle ?1 BETA1 Degrees 

25. Disk friction coefficient KW AKW - 

26. Seal clearance H H Inches 

27. Seal radii (B/N-6 only) Rl, R2,R3 ,R4,R5.R6 Inches 

28.  Turbine tip thickness B B Inches 

29. Seal length SL SL Inches 

30. Seal spacing SSP SSP Inches 

31. Thrust load TL TL Lbs 

32.  Blade shape option OPT OPT Round nosed 
0.0 ,. 

Sharp nosed 
1.0 

33. Number of velocity 
ratio conditions 

N N - 

34. Velocity ratio u/c0 UC0(I) - 



183 

FIGURE 7.1.1 
(page 3) 

SYMBOLS AND NOMENCLATURES 

FORTRAN 
Parameter Symbol Symbol Dimensions 

Output Data 

35.  Turbine tip velocity U U ft/sec 

36. Hydraulic efficiency ^H EFFH - 

37. Adiabatic head HAD HAD ft 

38. Seal leakage §L XISL lb/sec 

39.  Turbine efficiency 1T EFFT - 

40. Nozzle arc of admission £N EPSIN - 

41.  Rotor nozzle height HR HR Inches 

42. Inlet nozzle angle u ALPHA Degrees 

43.  Pitch diameter D D Inches 

44.  Flow rate w EMF lb/sec 

45. Disk friction loss S DF XIDF - 

46. Seal friction loss S SF XISF - 

47. Nozzle height in stator HN HN Inches 

48. Nozzle area AN AN Inches 

49. Arc of admission in rotor £ R EPSIR - 

I 
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LVF     TURBINE   THERMODYNAM IC 
CYCLE   AND  VELOCITY   DIAGRAMS 
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a. 
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x 
i- 
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ENTROPY,   Sj  BTU/lb-°F 

DESIGN   POINT 

Q>g<3.s L 

W, =C I = "-Ml 

STATOR ROTOR. 

U/Q0 >  DESIGN   VALUE 

1 
u. 

^gas^ 

Vc«,  <   DESIGN   VALUE 

T        ,^. 
\ 

T                *\ 
UL 

FIGURE 7.1.3 
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Design Point Calculations 

1. Nozzle spouting velocity 

C, = '/#*Z'&(Ho-H,')'z-j   FT/sec, 

2. Stage spouting velocity 

C0 = ZZ1 (Ho-Hi) /    FT./SEC. 

3. Tip speed 

U -  U/C. (Co)/  FT/S£C. 

4. Inlet nozzle angle 

COS. (X. =u/c, 

C< = COS"'(U/cJ   , Ü£6REM 

5.      Axial velocity into rotor 

W, = CM, =C,(/-Cos*?)/2;  FT/s^c. 

6. Turbine pitch diameter 

n a.   2Js3   ^       .    INCHES 

7. Inner radius of seal - 2 (B/N-6-1) 

se/N.-3 
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8. Outer radius of seal - 2(B/N-6-l) 

9. Outer radius of seal - l(B/N-6-l) 

R^-Rz- SSP, INCHES 

10. Inner radius of seal - l(B/N-6-l) 

11. Outer radius of seal - 3(B/N-6-l) 

I 'T_ 

| 12.      Inner radius of seal - 3(B/N-6-l) 

13.      Rotor hydraulic efficiency 

%-^rCCOi^^wO Co 

14. Flow rate 

ÜV =   tfP (70?)      , LB/reC 

15. Rotor exit density 



1.88 

I 

i 
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I 

1R.     Adiabatic head 

17.     Disc friction loss 

\   463o <<r /AD    ~7 

§DF4 =  (TDFJV-^^" 

18.     Seal leakage 

CONSTxÜ±^J£ 
/44 R. 

^L   = Cowrr jr^0rwl+(^4d^^ 
K W 

iß/sea. 
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19.     Seal friction horsepower loss 

'       6o//   IL?*/öb 

6o// a.y'/o' 

3        So // ii.7x/o& 

;LB. 

Tows = lLädEA±£ß}     +. TkßsJ^tEi) +. TMLC&ZIEJ) 

316000 

4.F.=    ^&S s5^-o 

0(J-     ///?p 

20. Turbine efficiency 

21. If MTE" fr)>' ü'   then go back to Equation 14 and 

replace *7r   with ^L . 

If /^-^ \ g, ,0j   then go to Equation 22. 

22. Nozzle height 

HN - <k2L m J INCHES 
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23.     Arc of admission test 
y^  HN/P 

IF(Y--°/)>O     SO   TO   EQ.   Z-S~ 

IF (Y-.o/) =. O     Go    To    6$,   z.4 

J 24,     Arc of admission 

■ then /^-.OhQ ,/,/cHes and go to Equation 25. 

! 25.     Rotor exit relative velocity 

26. Rotor nozzle exit ar^a 

j ft« -J^m J w" 
27, Rotor nozzle exit height 

I /VR=   {kj^JM ,   INCHES 

I 28.     Rotor no/zl^ test 

| lF(X-yO/)^0 go to Equation 29 

iT (X-'°0 > O End of design point program 
i 

29. Rotor arc of admission 

30. Rotor nozzle exit height 

HK~   <°l Dy    INCHED 

(end of design point program) 
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Off Design Point Calculations 

31. Tip speed at various off design velocity ratios 

V-(U/C»)C0 , FT/SS^. 

32. Tangential velocity relative to rotor tip speed 

Wuf  -   COS 0( C, - U ,   FT/SEQ 

33. Axial velocity into rotor 

34. Gas angle into rotor 

35. Incidence angle of gas into rotor 

I*  (ft " ^i)y
deejrees I 

36. Round and sharp nosed blades, incidence angle loss coefficient. 

See Fieurp 7, L4   for values of COEFF. 
The computer program contains a curve fit for this 
function 

37. Hydraulic efficiency i/ 

38. Disk friction loss 

II Same as Equation 17. 

39. Seal leakage loss 

Same as Equation 18 

I 40.     Seal friction horsepower loss 

Same as Equation 19. 
\ 

41.     Turbine efficiency 

End of off design program. 

_J 
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GAS   INCIDENCE   ANGLE 

LOSS   COEFFICIENT 

FOR   ROUND   AND SHARP   NOSED 
TURBINE   BLADES 

h 
7. 
a 
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b. 
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o 
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(0 
\D 
o 
J 

ROUND   NOSED 
BUADE.5 

SHARP   NOSED 
BLADES 

10       20      30     40       50      €0 

INCIDENCE , t  DECREES 

REF. : 'PRINCIPLES   OF   TURBO MACHI NE RY"  SHEHFARD 

FIGURE    7,1.4 
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7.2    HEAT TRANSFER ANALYSIS 

This section describes in detail the calculation procedures used to 
perform the heat transfer analysis on the LVF turbine,,   The methods 
of calculation of the heat transfer coefficients for the disk, cooling water 
and blades are described. 

The derivation of the methods used to determine the disk and 
housing temperature gradients is presented along with the equations 
bsed in the digital computer program. 

1 
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7.2.1   Disk Heat Transfer Coefficients 

1 Based on the procedure of Reference 3.2„3, the local heat transfer 
coefficient, h, is a function of the local Reynolds number based on boundary 
layer momentum thickness, NRa Q , which is, in turn, a function of the 

local skin friction coefficient, Cf. To evaluate Cf, the local disk friction 
was calculated and then Cf was evaluated. This approach was used for the 
low pressure portion of the disk, and is described in detail below. 

Conditions: 

Pressure around disk - 2 psia 

Estimated temperature around disk (based on previous 
calculation) - 255° F 

Therefore, steam properties around disk:  (Reference 3.2„ 15) 

Specific volume,   y =212 ft3/lb 

Specific heat, CP 
= . 46 BTU/lb - °F 

Conductivity, k = .015BTU/ft - hr - . oF 

Viscosity h = .031 lb/ft-hr 

Prandtl No. <v = 0.94 

7.2,1.1    Evaluate Disk Friction (Refer to Figure 3.2.3) 

Disk Reynold No. 

I • where:       Q disk tip diameter, ft 

I U disk tip speed, fps 

]f specific volume, ft3/lb 

U viscosity, lb/ft - hr 

For the NPFO conditions: 

D -   x\o IY\ - a.it» k\. 

.- rr NO - (\a,o^oX.3.i(0X'Tr) - 1ysx ^ps u 
(oO (eO 
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HlL (ana")   Co*0 

using this Reynolds number, tne disk friction coefficient, Kw, is found from 
the data of Reference 3.2,6 and Figure 3. 2.3 as: 

Kw = 0.00062 

In the following calculations it is assumed that this disk friction coefficient 
applies regardless of the diameter of the segment being considered. 

To obtain the disk friction, the following equation applies, 

WPF = Kw Dx u2. 

3 n~ (Reference Figure 3.2.3) 

Since the local disk friction is required, the symbols shown below are used: 

where: p is radius, ft 

(t   of rotation 

since: p= zr, FT, 
(j -_   NfT^r     J FT/SEO.. 

substituting this into the equation above yields: 

^-ßK^T(rr-n)yfL- 
iiooü /r z. 

6o 
r   s-. (n-r,) 
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This equation includes friction for both sides of a shrouded disk.   This loss 
occurs in four boundary layers (two on disk and two on shroud) as shown 
below: 

MOV IMG 
DISK 

Velocity diagram showing 
vectors relative to shroud 
(ground) 

Therefore, when considering the disk or the shroud on the basis of a flat 
plate and a free stream, the local free stream velocity is equal to W&. 
The results of these calculations are shown in Figure 3.2.3. 

Using the approach of Reference 3.2.3 to obtain local heat trans- 
fer coefficients, first the local skin friction coefficient must be evaluated. 

7.2.1.2    Evaluate Local Skin Friction 

As defined in Reference 3.2.3:    Cx -   ^JL Ar  

where: 

/     is the specific torque, lb/ft2 

U$    is the average free stream velocity, fps 

since: O- = Vfo      , then 

of- u*i tu*" s yL±up> -2.       ..*»-   .   ..* Z 2- 

2. a 

-l-l7"/0r(^%)      FT./5£.C. 

To evaluate    f* 

and: 

'7**'     ^ 
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therefore: ..     /     N _4 

then: r=    /13^oL^££ 1B / FT* 

Substituting these equations into the skin friction coefficient equation yields: 
*4> 

- 4/8     AVPF 

C^-i'X^CnM-*; 

7.2.1.3    Evaluation of Film Coefficient 

After calculation of the local Cf, the local Reynolds number based 
on boundary layer momentum thickness,    ^/«      ,  is evaluated from Figure 6 

of Reference 3.2.3 as a function of Cf, then from Figure 8 of Reference 
3.2.3, the local Stanton number,/tfST, is evaluated as a function of /V»?ea • 

The Stanton number is: 

CfsuJ 
where: 

h =  film coefficient, BTU/hr - ft2 - °F 

£ =r denotes fluid properties in the free stream 

then: f-j -   AST C?£ OX 

'V? 
substituting known values and previous equations yields: 

= 4 Z 7 (rj% r;') /Vsr >   &Tv/Mr FT
1

: of 

The results of these calculations are shown in Figure 3.2.2. 
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7.2.2   Cooling Water Heat Transfer Coefficient 

The disk shroud and the turbine tip is cooled by water flow through 
these areas.   The water conditions are:  temperature 130°F, and flow rate 
4.3 lb/sec. 

7.2.2.1    Disk Shroud Cooling 

The configuration selected is shown in Figure 3.2.1« One-half of 
the total flow is directed to each side of the turbine through three coils of 
0.45 in. I.D. tubing. 

Overall temperature rise of water: 

where: 

Then: 

G^pp = is disk friction heat input, BTU/sec 

^SfH.0 -  is water flow rate, lb/sec. 

CfHxo ~ is water specific heat, BTU/lb - °F 

*T*° - (tSh ^lie °F 

This temperature rise is insignificant, therefore, all water properties are 
evaluated at 130°F.   Therefore, from Reference 3.2.15, for 255°F water: 

Density, ^      =49 lb/ft3 

Thermal conductivity «   =  .4 BTU/hr - ft - °F 

Specific heat Op    =  1.0 BTU/lb - °F 

Viscosity y*<f    = 0. 5 lb/hr - ft 

Prandtl No /Vp^ - 1.3 

Tube Reynolds number is: 
A«.-Sä. 

where: 

Wir-X-is-J 
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6- 

I 
the film coefficient can be obtained from Reference 3. 2.14 for Prandtl 

1 numbers from 0.7 to 120 and L/O greater than 60 as: 

(6.4s) 

Pressure drop in the tube, using the procedure of Reference 3.2.14: 

I 
I 

where: 

■f   is the friction factor 

L  is the tube length, ft 

= 7/8 jjk* s-.Q Fsi 

7.2.2.2    Tip Cooling 

1 f = .00475 as function of Nr (Figure 6 - 11 of Reference 3.2.14), then: 

I 
| 

The flow passage for the disk tip cooling water has cross sectional 
(dimensions of 0.375 by 0. 50 inch.   The water is introduced to the chamber 

where the flow splits and flows to the opposite side of the turbine and is 
collected for passage to the boiler.   Therefore, one-half of the total flow 

- passes through each half of the turbine housing 

The heat transfer analysis was identical to that for the shroud 
(cooling situation above.   Using the approach presented above, the following 

results were obtained: 

I AT^o - 0>Cp) 
HiP 
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where: 

QsF = heat due to seal friction BTU/sec 

<3u =  heat due to leakage flow BTU/sec 

^TH,o= If ±^22±^ - /.B'F 
if.3)C0 

fa -    ^34)C-2..yR^/o6)       _  /^Sx/O^ 

.1, 

= 378o   ßTv/tfR-FT-°f 
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7.2.3   Blade and Nozzle Heat Transfer Coefficients 

The blade heat transfer coefficients were calculated based on an un- 
published empirical relationship developed by the authors.   This calculation 
must be made using fluid properties which are relative to the rotor.   That 
is, the temperature and pressure which is affecting the rotor is not the same 
as that affecting the nozzle because of the velocity of the rotor.   Therefore, 
all values are calculated on the basis of the rotor being fixed and the housing 
rotating; these values are termed relative values. 

The relative total pressure entering the rotor is equal to the static 
pressure of the nozzle exit, 95 psia.   The relative total temperature is 
defined by the total energy equation as: 

1. 

where: 

Top. = total temperature relative to blade, °R 

Ts   a static temperature relative to blade, °R 

VRO - relative velocity entering blade, fps 

Cp = specific heat, BTU/lb - °F 

J~« conversion factor, 778 ft - Jb/BTU 

The static temperature relative to the blade is equal to the static 
temperature leaving the nozzle assuming an adiabatic process.   Therefore, 
the nozzle exit static temperature is evaluated using Mach number functions 
of Reference 3.2.16 based on the nozzle pressure ratio: 

Since the nozzle pressure ratio Is- 

PR» ilp-r M72. 

which yields: 

where: 

M z   Mach number 

Tt ~ total temperature entering nozzle.    R 

<J'     ratio of specific heats. 
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I 
Since the nozzle function is to reach wheel velocity only and neglecting the 
axial component, then: 

I VRo =0 

| and 7-aK= (,1M)(^0HCo)=  S|4 °P>= 3S"4 °F 

I 
I 

* 

This temperature is used to evaluate the fluid properties:  (from Reference 
3.2.15) 

or = 4.86ft3/lb 

| Af = . 037 lb/ft - hr 

X   - .0175BTU/hr - ft - °F 

Cp = .48 BTU/lb - °F 

Based on unpublished empirical data of the authors: 

where: 

fr.   VRCP NST 36OQ 

Vfej= average relative velocity through blade, fps 

^5f Stanton number 

*ST ~    ., .-a 77 '**? 
and A/ C_ 

Where: 

£ - 0.08 for typical turbine blades 

/VR3 Reynolds number based on chord, 

and ^     _    VkCh 360O 

where Ch blade chord, ft» 
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The blade exit relative velocity is calculated in a manner based on 
Mach number functions.   These functions are presented in Reference 3.2.16. 
The basic known parameters are: 

Inlet relative total pressure P =95 psia 

Exit static pressure r =50 psia 

Ratio of specific heats o = 1*3 

Inlet relative total temperature      T = 354 F 

Therefore,   ?RK.
S
S» = '•?, which yields a pressure ratio slightly greater 

than critical (1.83); therefore, assume sonic exit velocity so that: 

I 

I since: n   _   VRtNt.gr +-Vfcg*ir      Q-H7/Q 

K      (4,86)0 °27)(rO 

then 

and 

^r'  ctssV^o^-667- '00?-" 



I 
I 
I 
I 

204 

7.2.4   Seal Analysis 

The seals were analyzed to evaluate the seal temperature, friction, 
and leakage flow rate.   The seal friction and leakage flo" rate were 
evaluated from equations presented in a previous section and the values 
pertinent to the seal temperature analysis are presented in Table 6.2.1. 

To obtain an idea of the maximum temperature that the seal could 
ultimately approach (uncooled), a calculation was made assuming that all 
the seal friction loss was added to the seal leakage flow.   The heat balance 
is: 

or 

Where: 

C^Cpj- 3600  J 

~W~ ~   seal friction loss, HP 

6?s ~   seal leakage, lb/sec 

C?s r    specific heat, BTU/lb - °F 

An example calculation for Seal #1 and the information presented in Table 
6.2.1 is: . 

This temperature rise is much greater than will actually occur, as will be 
shown later, since much of the heat will be carried off from the seal area 
to cooled areas of the turbine. 
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7.2.5   Temperature Calculations 

The heat transfer analysis of the turbine disk and shroud area and the 
turbine housing nozzle and disk tip area, due to the complexity of the geo- 
metry, used a numerical analysis technique to determine the steady state 
temperature gradients through these components. 

The first step in the analysis is to divide the section to be analyzed 
into small elements.   The smaller the element, the more accurate the 
results; however, more computer time and capacity will be used. 

An energy balance was made on a single element, assuming that the 
average temperature of the element can be represented by a temperature 
at the center of the element.   The element can also be thought of as a point 
surrounded by adjacent elements connected to the element of interest by 
conductances so that the total system is analogous to an electrical network. 
The sketch shown below shows the network about one given node or element. 

STORED 

The energy balance on  L 

Qadd = Qstored + Qout 

^    kr        Sir 

Ql - Heat capacity or capacitance of   (- 

\    - Density 

Cp      Specific heat 
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I 

I 

I 

I 

fiH Volume 

j-*J £      = Change of temperature with respect to time. 
Ar 

The heat leaving node i (Qout) is expressed as the conductance multiplied 
by the temperature difference between node i and its adjacent node as 
shown below. 

Qout = %(Ti " %) 

The conductance    (KJJ) can represent either conduction, convection, or 
radiation heat transfer.   For this analysis, radiation was neglected so that 
only conduction and convection were used to transfer heat in the system. 
These conductances are defined as follows: 

K     A   f.      = JSfL, STiV^-öF conduction     ~AlT J 

^convection = h R , ßTu/H*-'F 

where: 

| K   = thermal conductivity of the connecting material 

fl    = heat transfer area 

ZX - distance between two nodes 

I n    - convection heat transfer coefficient 

a An approximation of the derivative of temperature with respect to 
1 time can be made with a finite difference equivalent. 

J &r *r 
- The superscripts in the above equation refer to time where {T+&T  ) will 

be used as the "new" time and (f~) will be used as the "old" time. 

iln this analysis, the following assumptions are made: 

1. The system temperatures are known at the "old" time. 

,| 2. The conductance values (K^) are based on the old temperature. 

• 3. The capacitor values are based on the "old" temperatures. 
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The energy balance on node i   can now be rewritten: 
CQ^Dp -   Q .STORED +" ^ouT 

<&r H 

where:     'y j^   (y. _ -r \ =    sum of the conductances times the 

temperature difference about node (i). 

Rearranging f    ^ 

(0    77^72r(/-g^) + |r(^D+%59 

r+Ar 0 
where:      77        = Temperature of node i at the "new" time,   F 

T 
T~£        --■ Temperature of node i at the "old" time, °F 

£^Y   = Time increment, minutes 

£t    = Capacitance of node i, BTU/°F 

y~ Kyy = Sum of the conductances into node i,  BTU/hr-°F 

Ci^pp = Heat addition to node i,  BTU/min 

This is the equation used in the digital computer program to com- 
pute the temperature of each node in order of input at the "new" time. 

As mentioned in Section 3.2.1, there are several nodes in the 
svstems analyzed where the conductances between the nodes represent 
a fluid, flow situation.   For this case it is assumed that there is no 
axial conduction in the fluid and that the film coefficient between the 
fluid and the passage wall is known. 
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The following sketch shows the fluid system. 
Ms 

., "5      A T4 
# 

A heat balance on node i gives: 

"i= \   6t-0C,TY    P _!__— _   Energy flow into the control volume 
due to the fluid flow. 

Q^_- (p VfetociTY^Cp ZLtJj =   Energy flow out of the control volume 
e due to the fluid flow» 

Qa = h P^X (j3 -72; Ä convective heat transfer. 

^4 = Pfl£XC      <^7"t'   -      Internal energy change. 

where: A    =    cross sectional area of tube passage 

P    =   perimeter of inside of tube 

For simplification let 

Kf =pV£coc,Tr^CP 

The equation is therefore 

^   (77.7J0 _ K   (72V70 f K fe-TD«Cc Ä71' 

(?) <<f (i)a-^)+K«***™, (T3-Ti), c £ 4n 
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This equation shows that Tj is a function of downstream tempera- 
ture (2).   Since conduction in the      fluid stream was neglected, Tj should 
be insensitive to downstream temperatures.   This problem can be over- 
come by assuming the axial temperature gradient along the fluid is linear 
between nodes 1 and 2„   This allows the following substitution. 

TLZBZ - r,-rc 

i(T,-Ti)a(T,-rO 
Therefore, Equation (2) can be rewritten 

Ar   -r.\     0, &77 (3) Kf (jj-T{)+. KCCN*<:CT,ON(TI-T£)= 
Cli 

<£r 

Equation (3) is now independent of downstream temperatures.   This 
(equation shows that the heat exchange between nodes i and 2 is one way. 

In other words the temperature of node 2 is affected by the temperature of 
node i but node i's temperature is unaffected by node 2.   This must be 
Itaken into account in the program when handling the conductances of the 
fluid nodes. 

(So far it has been assumed that the spacing (<äX ),   between the 
fluid nodes has been equal.   In the real case this may not be necessarily 
so.   Referring back to the previous sketch,   let the fluid temperature 
I entering node (i) be7£c  and the temperature leaving node (i) be7<,fc. . 
These temperatures are at the nodes interfaces.   Then applying a heat 
balance on node (i). we have 

■ J <y. I 

It was assumed that the axial temperature gradient is linear in 
the range  77   to 72 ^      so that the following approximation can be 
made: 

7ltzlkt     cz.    77-7? 

Substituting back into Equation (3) and multiplying by AX i 

pvfa^^ÄC^L^ -TLyh PMi(j, _Tl) „ PMX «c^ JZL 
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and therefore Kf 

The value of Kr is evaluated as a one wav conductor for all the fluid 
nodes in the system. 

Equation (1) was programmed using Fortran-4, for use in an avail- 
able IBM-1130 digital computer.   The program was set up for a maximum 
capability of 30 nodes.   Figure 7.2.1 gives a list of the input-output sym- 
bols and dimensions with their Fortran equivalents.   Figure 7.2-1 also 
contains the input data for the disk and shroud heat transfer analysis. 

Figures 7.2.2 and 7.2.3 give the conductances used for the disk and 
housing analvses, respectively. 

The program operates on a forward differencing technique where an 
initial set of temperatures are input at time zero.   The computer incre- 
ments time by a fixed input value and calculates the temperatures at the 
new time.   The program then stores these temperatures and uses them 
as "old" temperatures for the calculation at the next time increment. The 
calculation will proceed to the limits of the program (30,000 sets of cal- 
culations) or until steady state temperature is reached and the operator 
stops the program. 

Data printout can be ol tained bv switching data switch 10 to the ON 
position.   Data is printed out as time versus temperature. 

Fieurf 7.2.4 shows a flow diagram of the program.   As mentioned 
previously} the capacitance values used in the analysis are not the real 
values, so that transient data will be invalid.   If the real values were 
used   tne computer time would be excessive when the time increment is 
set according to the stabilitv criteria of: 

AT k 
v^-NKN , 'minimum 

If thia criteria is exceeded, the computation will oscillate or diverge. 
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Item SYMBOLS Units Disk Analysis 
Input Data Derivation FORTRAN 

Input Data 

1. Total no. 
of conduc- 
tor chords 

KONT 

2. Number 
of nodes 

- M - 28 

3. Time 
increment 

AT DTAU Min. 1.0 

4. Heat 
added 

QAdd Q(D BTU/Min (see text) 

5. Initial 
tempera- 
tures 

T. 
l 

T(I) °F 130°F except for 
fixed temp, 
nodes 

6. Sum of the 
conductors 
about node 
i 

ZNKN SUMK(I) BTU/hr-°F As determined 
from Figure 
7.2.2 

7. Capaci- 
tance of 
node i 

Ci CAP(I BTU/'fr 1.0    except for 
fixed temp 
nodes 

8. Conduc- 
tance 
between 
nodes 

*VKCond. CONDKIX. 
JND) 

BT\l/hr-°F See Figure 
7.2,2 

9. Node 
adjacent 
to node i 

" KADJ(IY, ~ See Figure 
7.2.2 
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S 
I 

Node 
Connector 

A X 
in. 

Area 
in. 2 

Conductance,  K,  BTU/Hr - ojr 
Convection Conductior i    Fluid Total 

!        1-24 .023 1.6 .0896 8 4 _ .0885 
1-26 „031 1.6 - 6.25 0.356 .337 
2-1 .031 1,6 - - 0.356 „356 
2-19 .039 1.9 0.0712 5.74 _ .070 
2-21 .093 1.9 2.47 2.47 
3-2 L133 .184 - - 1.089 1.089 
3 - 14 .062 2.28 .0985 5.34 _ .097 
3 - 16 .109 2.28 - 2.53 _ 2.53 
4 - 3 1.125 .206 - - 1.445 1.445 
4-9 .070 2.59 „126 5.38 _ .123 
4 - 11 .133 2.59 - 2.83 _ 2.83 
5 - 4 1.14 .264 - _ 2.08 2.08 
5 ~ 10 .096 2 88 .182 3.62 _ „174 
5-6 „156 1.43 - 1.33 _ 1.33 
6 - 5 .156 1 43 - 1.33 4.16 1.01 
6 - 7 .554 3.0 .167 16.78 • .165 
7 - 6 .551 3.0 .167 16.78 _ .165 
7-12 1.133 .64 - 1.745 _ 1.745 
8 - 9 .594 2.55 - 7.88 _ 7.88 
8 - 13 1.109 .736 - 1.22 _ 1.22 
8 - 15 1.125 .605 - .99 _ .99 

!       9-4 .070 2.59 .126 5.38 _ .123 
j       9-8 .594 2.55 - 7.88 • 7.88 

9-10 1.14 - 1.152 _ 1.152 
9-14 1.125 .806 - 1.315 _ 1.315 

10 - 5 .096 2.88 .182 3.62 «. .174 
10 - 9 L14 .715 - 1.152 . 1.152 
10 - 15 .843 2.96 - 6.45 _ 6.45 
10 - 20 1.156 1.54 - 2.44 _ 2.44 
11 - 4 .133 2.59 - 2,83 _ 2.83 
11 - 6 L133 .363 - _ 3.24 3.24 
11 - 12 .266 2 59 .126 30.1 _ .126 
12 - 7 L133 „64 - 1.745 • 1.745 
12-11 .266 2.59 .126 30.1 .. .126 
12 - 17 1.117 .57 - 1.575 «. 1.575 
13 - 8 1.109 736 - 1 22 *- L22 
13 - 14 .781 2.25 - 5 28 . 5.28 
13 - 18 1.125 .80 - 1.305 _ 1,305 
14 - 3 062 2.28 .0985 5.34 _ .097 
14 - 9 1.125 .806 - 1 315 — 1.315 
14 - 13 .731 

I--     1 

2.25 - 5 28 
 (- 

- 528 
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Node 
Connector 

A x 
in 

Area 
in,2 

Conductance,  K,  BTU/Hr - oF 

Convection Conduction Fluid Total 

14 - 19 1„14 „86 _ 1.383 _ 1.383 
15 - 8 1.125 „605 - ,99 - .99 
15 - 10 .843 2.96 - 6.45 - 6.45 
15 - 25 1.156 1.115 - 1.77 - 1,77 
16 - 3 „109 2.28 - 2.53 - 2.53 
16-11 1.125 .226 - - 1.83 1.83 
16 - 17 .515 2.7 „126 16.2 - .125 
17 - 12 1.117 „57 - 1.575 - 1.575 
17 - 16 .515 2„70 .126 16.20 - .125 
18 - 13 1.125 .80 - 1.305 - 1.305 
18 - 19 „757 1.9 - 4„62 - 4.62 
18 - 23 1.14 .838 - 1.35 - 1.35 
19 - 2 „039 1.9 .0712 5.74 - „070 
19 - 14 1.14 .86 - 1.383 - 1.383 
19 - 18 „757 1.9 - 4.62 - 4.62 
20 - 10 1.156 1.54 - 2 „44 - 2.44 
20 - 25 .406 3.27 - 14.78 - 14.78 
21 - 2 „093 1.9 - 2,47 2.47 
21 - 16 1.125 .156 - - 1„093 1.093 
21 - 22 ,50 1.9 .0713 11.75 - .071 
22 - 17 1.125 „46 1.263 - 1.263 
22 - 21 .50 1.9 .0713 11.75 - .071 
22 - 27 1,14 .395 - 1,07 - 1.07 
23 - 18 1.14 .838 - 1.35 - 1.35 
23 - 24 1.15 1.6 - 2.55 - 2.55 
23 - 28 3.218 „662 - .378 - .378 
24 - 1 .023 1,6 „0896 8.4 - .0885 
24 - 19 1.156 .86 - 1.367 - 1.367 
24 - 23 1.15 1„6 - 2.55 - 2.55 
24 - 28 3.062 „65 - .389 - .389 
25 - 15 1.156 1.115 - 1.77 - 1.77 
25 - 20 .406 3.27 - 14.78 - 14„78 
26 - 1 031 1,6 - 6.25 - 6.25 
26 - 21 1.14 .079 - - ,469 .469 
26 - 27 .492 1„6 .0896 11 0 1 „0888 
27 - 22 1.14 .395 - L07 " 1.07 
27 - 26 .492 1,6 .0896 11 0 „0888 
28 - 24 3 „062 .65 - .389 -   ! .389 
23 - 23 3.218 .6f3 .378 

i 

„378 
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Node 

Connector 
A* 

in. 
Area 

.   2 
in 

Conductance , K.  BTU/hr - UF 

Conduction Conduction 
Convection Solid Steam Fluid Joint Total 

1-3 1.7 2.58 4.85 9.759 _ _ «, 3.24 
1-7 L7 2.4 4.5 5.4 - - - 2.46 
1-11 0.2 6.4 4.19 288 - - - 4.13 
1-12 0.2 5.64 3.69 253.8 - - - 3.63 
2-24 1.1 8.4 6.54 23.63 - - - 5.12 
2-25 0.6 8.1 6.3 91.13 - - - 5.88 
3-19 0.4 1.93 5.37 10.87 - - - 3.6 
3-15 0.1 1.61 4.47 36.23 - - - 3.98 
4-16 0.1 1.5 4.16 33.75 - - - 3.69 
4-20 0.4 1.5 4.16 8.44 - - - 2.78 
5-21 0.6 1.41 3.92 5.29 - - - 2.25 
5-22 0.1 1.41 3.92 31.73 - - - 3.49 
6-18 0.4 3.0 47.72 i6.9i   ; - - - 4.88 
6-19 0.6 6.68 18.5 312.6 - - - 17.45 
6-24 0.9 1.93 5.35 4.83 - - - 2.54 
6-3 1.3 - - - - 0.4338 - 0.4338 
7-1 1.7 2.4 4.5 4.15 - - - 2,16 
7-13 1.6 2.07 - 5.83 .00314 - 77.5 .0031 
7-14 1.4 1.92 - 3.09 - - - 3.09 
7-30 6.0 4.2 0.103 0.55 - - - 0.654 
8-1 L7 2.58 4.85 9.76 - - - 3.24 
8-9 1.5 2.48 - 3.72 - - - 3.72 
8-10 1.6 2.38 13.39 .00359 75.6 .00359 
8-30 - 7.1 .0485 - - - - .0485 
9-8 1.5 2.48 - 3.72 - - - 3.7? 
9-10 0.7 6.88 - 51.6 .0238 - - .0238 
9-17 1.9 1.44 - 5.71 - - - 5.71 
9-18 1.5 1.03 - 1.59 - - 79.0 1.55 
9-30 - 7.2 .050 - - - - .05 

10-9 0.7 6.88 - 51.6 .0238 - - .0238 
10-8 1.6 2.38 - 13.39 .00359 - 75.6 .00359 
10-11 0.7 6.44 .. 48.3 .0193 - - .01925 
10-18 1.4 1.36 28.8 6.12 .00183 - - .00183 
10-15 0.9 1.92 - 43.2 .0029 - - .0029 
11-10 0.7 6.44 - 48.3 .0193 - - .01925 
11-1 0.2 6.4 4.19 288 - - - 4.13 
12-1 0.2 6.82 3.69 253.8 - - - 3.63 
12-13 0.7 5.7 - 42.75 .002115 - - .002115 
13-7 1.6 2.08 - 5.83 .003142 - 77.5 .00314 
13-12 0.7 5.7 - 42.75 .002115 - - .002115 
13-14 0.7 5.36 - 40.2 .0162 - - .0162 
13-16 1.0 1.8 - 40.5 .00242 - - .00242 
,3-21 1.5 3.36 - 10.27 .00451 - - .00451 

. 
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Node 

Connector 

A x 
in. 

Area 

in2 

Conductance , K,  BTU/hr - °F 

Convection 
Conduction 

Solid 
Conduction 

Steam Fluid Joint Total 

14-7 1.4 2.52 _ 3.086 .. . _ 3.086 
14-13 0.7 5.35 - 40.2 .0162 - - .0162 
14-30 - 5.0 .0347 _ - - - .0347 
15-3 0.1 1.61 4.47 36.23 - - - 3.98 
15-10 0.9 1.92 - 43.2 .0029 - - .00289 
16-4 0,1 1.5 4.47 - - - 3.69 
16-13 1.0 1.8 - 40.50 .00242 - !   _ .00242 
17-18 1.0 3.4 44.6 7.65 - - - 6.52 
17-24 1.6 1.79 - 2.52 - - - 2.52 
17-9 1.9 1.46 - 5.71 - - - 5.71 
17-30 - 16.0 0.111 - - - - 0.111 
18-17 1.0 3.4 44.6 7.65 - - - 6.52 
18-24 1.3 2.45 64.3 4.24 - 77.5 3.77 
18-6 0.4 3.01 47.72 16.91 - - - 4.88 
18-9 1.5 1.03 - 1.59 - 79.0 1.55 
18-10 1.4 1   "id OQ    O n    1 n 

UU1ÖJ - - .CO183 
19-23 - 2.88 12.85 - - - - 12.85 
19-6 0.6 6.68 18.5 312.6 - - - 17.45 
19-3 0.4 1.93 10.37 10.87 
20-23 - 2.79 12.45 - - - - 12.45 
20-4 0.4 1.5 4.16 8.44 T.78        1 
20-21 1.0 2.66 - 4.88 - - - 4.88 
21-5 0.6 1.41 3.92 5.29 - - - 2.25 
21-13 1.5 3.36 - 10.27 .00451 - - „00451 
21-20 1.0 2,66 - 4 88 - - - 4.88         1 
21-29 1.8 2.86 - 4.91 - - - 4.91 
22-5 0.1 1.41 3.92 31.73 - - - 3.49 
22-26 0.8 1.68 - 37.8 .0029 - - .0029 
23-19 - 2.88 12.85 - - - - 12.85         1 
23-20 - 2.79 12.45 12.45 
24-30 - 4.4 .0306 - - - - 0.0306 
24-17 1.6 5.25 - 2.517 - - - 2.517 
24-18 1.3 2.45 64.3 4.24 - 77.5 3.77 
24-6 0.9 1.93 5.35 4.83 - - - 2.54         , 
24-2 1.1 8.36 6.54 23.63 - - - 5.12 
25-2 0.6 8.05 6.30 91.13 - - - 5.88 
25-26 0.7 6.3 - 35,44 .019 - - .019 
25-28 1.5 1.5 - 2.25 - - - 2.25 
26-22 0.8 1.68 - 37. 8 .0029 - - .029 
26-25 0.7 6.3 35.44 ,019 .019 
26-28 1.3 2.02 - 11.36 .0027 75.8 .0027 
26-27 0.7 5.56 - 41.7 .0168 - - .0167 
27-26 0.7 5.56 - 41. .0168 - - .0167 
27-30 - 5.0 .0347 - - - - .0347 
27-28 1.4 1.88 

" 
O.02 3.02 
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TURBINE HOUSING HEAT TRANSFER ANALYSIS 
CONDUCTOR VALUES 
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Conductance K,  BTU/hr - °F 
Node A X Area Conduction Conduction 

Connector in. in^ Convection Solid Steam Fluid Joint Total 

28-25 1.5 1.5 _ 2.25 _ _ - 2.25 
28-26 1.3 2.02 - 11.36 .00271 - 75.8 .0027 
28-27 1.4 1.88 - 3.02 - - - 3.02 
28-30 6.0 15.36 0.107 0.385 - - - .492 
29-21 1.8 2,86 - 4.91 - - - 4.91 
30-28 6.0 15.36 0.107 0.385 .492 
30-24 - 4.4 .0306 .0306 
30-17 - 8 .0555 - - - - .0555 
30-9 - 7» 2 .050 - - - - .050 
30-8 - 7.1 .0493 - - - - .0493 
30-7 - 15.73 .103 .551 - - - .654 
30-14 - 5.0 .0347 - - - - .0347 
30-27 ""■ 5.0 .0347 "■ ™' 

" " 
.0347 

Thermal Conductivity 

Housing       K = 27 BTU/hr - ft - °F 

Disk K = 22 BTU/hr - ft - °F 

Steam K = 0,0145 BTU/hr - ft - °F 

Water K = 0.37 BTU/hr - ft - °F 

For series connection K total 

convection + ^conduction + 

I 
I 
I 

For parallel connection       K.  ,,,   = K r toia- + K + 
convection      conduction 



HEAT TRANSFER ANALYSIS 
COMPUTER PROGRAM FLOW DIAGRAM 

READ 
IHEAD, KONT, M, DTAU, Q(I) 
TEMP(I), SUMK(I), CAP(I) 

20 

I = l.KONT 

1 
DC, JND,DUMY 

/" 
1 
23 

IY =  1,M 

217 

KADJ(IY,L) 

L = 1, 6 

i 
TIME  - 0 

TAU = TIME 
I   -- 0 

I 
(over) 

FIGURE 7.2.4 

Page 1 



continued 218 

600 

K -  1,30000 

50 TAU = TAU + DTAU 

200 

I =  1, M 

IX = I 

SUMKT = 0 

i 

V 

150 

,1=1.6 

1 
IY =IX 

JNOD = KADJ(IY,J) 

CJWDJ ^ 

>0 

125 JND - JNOD 
IX   = IY 

COND = CONDI(IX,,IND) 

TCOND y so 

(over) FIGURE 7.2.4 
Page 2 
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6ÖÖ) (2ÖCT)(T50) 
continued 

]>0 

219 

130 JNOD = JND 
ATMP = TEMP(JNOD) 

SUMKT = SUMKT+ATMP*COND 
T = DC 

-Cl50> 

1 
SMK(I) = SUMKT 

 (200 

250 

K =  l.M 

SUMKT = SMK(I) 
TO = TEMP(I) 
Cl - l.-((DTAU*SUMK(I))/(60.*CAP(I))) 
C2 = (Q(I) + (SUMKT/60.)) 

TMPP(I) - T0*C1+(DTAU*C2/CAP(I)) 

11 

250: 

1 
280 

1. M 

1 

600^ C280) 

TEMPX   - TMPP(I) 
TEMP(I) = TEMPX 

f 
(over) 

FIGURE 7.2.4 
Page 3 
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(JÖtT)    (JERT) 
continued 

     —(280 

TIME = TAU 
CALLDATSW(10,JX) 

C^ZD *o 

= 0 

1 
303 

I = 1,M 

TIME, TEMP(I) 

304 TAU = TIME 
CALLDATSW(11,NX) 

GED- 
= o 

< 
> 

(BOO) 

220 

1 

6or 

CALL EXIT 
END 

FIGURE 7.2.4 
Page 4 
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■ 7 3       VIBRATION CALCULATIONS 

I This section demonstrates the calculations performed in the vibra- 
tion analysis of the LVF turbine.   The symbols used are listed on pages x 
through xiv, and where the symbols are unique to the particular section, 

| a more detailed list is provided in the individual section 

I 
I I 

I 
il 

I 
I I 
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7 3.1   Turbine Blade Vibration Calculations 

I The calculation for the axial and tangential turbine blade and 
■ shroud natural frequency is as follows;  (Reference 6.3.1) 

I Axial vibration 
/ EIA 

Irin = A y ~p- rad/sec 

where A = 22.4 

E = 29.5 x  106 lb/in2 

IA = .004 in4 (Figure 7.3.1) 

2 /   9 h   - Mass per unit length, lb - sec /in" 

Ji  = .287 inch 

p  = Density = .28 f^r steel, lb/in3 

from Figure 7.3.1 the area of blade Aa = ,207 in 
Aa      .207, _x       _, lb-sec2 

yU  =-g- = ^(.287) = .00015^ 

or 739 x 104 cps 

Tangential. wN . »*«/j? wiffiooffi ' 134 rad/sec 

or 1,280 x104 cps 

The composite mode of the shroud and blades acting together 
should be considered. 

From section 7.4.1 the deflection per pound force of the blades 
Wi 

in the axial direction is    K^   - i 

KA -    7241.5   , = 9275 x  105 lb/in 
„730xl05 

Wi = Total force on end of blades, lb 

fi = Deflection of blade tip, in. 

KA = Spring constant of shroud blade system, lb/in 

m = Total mass of shroud and blades 

_J 
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m   = Mass of blades + mass of shroud = .207(.289)(.28)(90) 
386 

[(.330HTfK2)( 12.456) x >2g9 
386 

m   = .00388 + .01956 = .023 -^51?- 

,   1    . /KÄ f 
s      2V V   m 

1      /927,5 x10^ 4 4 fs  = 2^ \/ 1)23  = 3.17 x 104 cps or 190.5x10  rev/min 

7.3.2   Disk Vibration Calculation 

The procedure for calculating the second nodal diameter (2ND) is 
shown in Figure 7.3.2 and follows the method described in Reference 
6.3.2. 

7.3.3   Rotor Dynamics Calculation 

The natural frequency of vibration, considering the shaft rotor 
system as a simple rigid body is: 

f 60     / 2K 
N - 2fr v^ 

where K  = Film stiffness of one bearing, lb/in 
(assuming translation only) 

m    = TotaJ mass of rotating system 

fjj   = Natural frequency, rev/min 

m     . Rotor weight  ^   282.8 _    rj52 lb-sec2 

s g 386        ' in 

For two bearing system 

Kg = 848,000 lb /in x 2 = stiffness of two bearings (Figure 6. 5.1) 

. 60     /2( 848000)       1/loon        .   . 
fN   =   2ff V—7752—   =   14380 rfv/min 

For conical whirls the springs develop a restoring moment, and 

KL 
for two springs this becomes    ——  (in - lb/radius).  (Figure 3.3.4) 
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Then the restoring spring moment equals the inertia! moment, or 

f conical shaft =   i . /§i-    cycles/sec 
21T V 2It s 

where L   is the transverse moment of inertia of the shaft rotor system 
about a    diameter (lb in sec^). 

f 'conic al shaK = w ^gHip! . 18>917 rev/min 

I,   -I|p1fr*h 

where h = length of shaft, in 

R = diameter of shaft, in. 
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7.4    STRESS C ALC ULATIONS 

This section demonstrates the calculations performed in the stress 
analvsis of the L V F turbine.   The symbols used are listed in Section iv, 
and where the symbols are unique to the particular section, a more detail- 
ed list is provided in the individual section. 
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7.4.1   Shroud and Blade Stress Calculation 

The following calculation gives the stress analysis of shroud and 
blade subjected to radial load of centrifugal force and thermal expansion, 
Assume shroud, blade and disk can be represented as shown in Figure 
6.4.1. 

Centrifugal growth Uw (assume rotating flat disk with hole in 
center (Reference 6.4.1) 2 

TT    -/Vr (3+/*)(!•*)      2     2     1+M rori_     1+M r2 
Uw        E 8 ro+ri + jqji ~~^r   -JTf 

;„3 s where      D = Density .283 lb/in 

1 w        Angular velocity of rotation, rad/sec = 4007T 
1 at 12,000 rpm 

I r = Radial distance of a point from the axis, in. 

E = Modulus of elasticity, psi 

H - Poisson's ratio. 0.3 for steel 

I r - Rim radius f in. 

rj - Bore radius, in. 

Assume the shroud should act like a flat disk with a reduced density 
because of the groove in rim. 

' / 
P = Reduced density - £ r 

A 

I where   A = Area of shroud with groove 

A = Area of shroud without groove 

Area of shroud = A - width x height 

I A = .875 x .625 =  .547 in2 

Area of shroud with groove  - A   = .330 in2 

i 

pJ-~ P = rM? (-283)  = .1711b/in3 

\7i\2i 
§ r = Tj 

171(400^(12.144K3.3K.7) r L3(163.05) 

29.5xl06(8) (386) L 7 

-^1(147.48)1                 r0 = 12.769 in r2, = 163.05 in2 

ri   - 12.144 in r2  -  147.48 in2 
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U w 
26.98xl04 (28.053) 

236xl06(386) 
[555.24J   = 756.87xl04 

91096 x 106 
[555.24] 

U w 046 in. 

Deflection from thermal growth (assume ring of radius  r0 & rj ): 

UT = AT ot ri5  in. 
cx  - 6.3 x  10v rt   =  12.144 

AT = Ta(max) - T     Temperature change from zero stress 
state TQ 

Ta(max) for condition one and two is T    = 350   and   T    = 183. a a 0 

UT = (350-183)(6.3xl0~6) 12.144 = 13129.4 x 10'6 

UT = .0131 in. 

Total growth of shroud assuming free ring: 

U = Uw + UT = .046 + .0131 = .0591 in. 

From tabulation of disk growth (Figure 6.4.6) the centrifugal growth at 
the disk rim radius 11.857 is U    = .0091 condition one 

= .0194 condition two 

Differential growth between shroud and disk AU   is: 

(Condition one) MJj - U - U      = .0591 -  .0091 = .0500 in. 

(Condition two) AU2 = U - U„    = .0591 - .0194 = .0397 in. 

Calculate pressure required to contract shroud AU^ & AU,, 
the amount required to retain compatibility. (Assume disk with hole in 
center with negative internal pressure) (-p. Reference 6.4.1) 

rG I 
ma i 

T 
AU 

at rn A U » - Pi j -^jl-j-    [(l-A) + (l+*)-]|-] 
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Condition one     .0500 = - P, J2-144  - f 147-48     H  (".7 + 1.3 163.05^ 
/T   ,   ATT 29.5xI06   I 163.05-J47.48j  L 147.48J 
(Let  AU = *- 

.0500 in) 
.0500 =-pi(.412)xl0"6(9.47.)   Q 7 + 1.437] 

.0500 = -Pj (8.338) x 10~6 

Condition one        -p.  = L
0500   = 5990.  lb/in2 

8.338 xlO"6 

Condition two        -p. =       -0397 = 4761.  lb/in2 

1      8.338xl06 

Force in each blade required to provide pressure: 

F 
No. of blades  =   Pi^As^ 

where   As = surface area of ID of shroud 

Number of blades = 90 

Condition one    _^J__ = M75K12.144)(2Tr)(5990) = _ 118(376L72) 

No. Blades 90 , 4439.0 lb 

Condition two     *A_ - (• 875)(12.144)(27T)4761 = ,U8(29773.5) 
No. Blades 90 

= 3513 lb 
From Figure 7.3.1, the area and moment of inertia of blade are: 

Ab = .207 in2 

Ia   = . 004 in    axial direction 

Tensile stress in blade: 

Condition one     <X T    = 4439   _. 21444.    Dsi 
1       .207 F 

I Condition two      <J To = 3513 Condition two      (J To = -^ -  16971.   psi 
*      .207 

I The blades provide the attachment between the disk and shroud in 
the radial and axial direction.   This portion of the analysis deals with 
the rotation and deflection of the shroud caused bv bending moments 

I applied from the seals.   The blades deflect from the axial loads which are 
caused from the pressure differential across the blades and from the force 
from the upper seal face. For the blades to deflect it is necessary for the 
shroud tobe twisted (see Figure 6.4.3). 



I 
I 

(2) 

I2 

EJ 

rw]& 
*L 3    + 

w2C 
8 -*l-7 MRr 

E^ 

1 
EJ 

o2 
T     6 

SI3        -i ^-   MR 
^EIp 

J? = .287 in. 

E = 29.5 x  lO6. psi 

J    = (number of blades) (moment of inertia)   = (90)(.004) 
= .36 in4 

Wj = 3299.81b 

£M= [632.7 + M~] 

I     = Torsional moment of inertia of shroud = IY + I 
p x     y 

I     = .01008 +  .07 = .08 in4 

W2 = 2076.17 lb 

(1) .0824   ["(3299. 8+W1) (.287)      (2076.17)(. 287) - MJ 
~736~   L 3 " + ~8 rj 

[632.7+M0] (.312) 

08 

[(3299. 8+Wj) (.0824)    2076.17(.024) _ 71 
■-9 K — 36      u 2 ö 

(632.7+^(12.457) 
.08 

(1) .222   [Z15 + .0957 Wx + 74.483 - .5M0]   - 2467. 5 + 3.9 MQ 

(1) 69.93 +  .02125 Wj + 16.54 - .111 M0 - 2467.5+ 3.9 MQ 

,02125 Wj - 4.011 M0 - 238L03 

(2) 135.95+  .0412 W2 + 8.305 - M0(.287) - 35469.1 + 56.06 MQ 

.0412W1 - 35324.8 - MQ(56.347) 

231 
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I 
I 

I 

(1)     Wt - 188,75 M   = 112048« 5 1 o 

-Wx + 1367.65 M0 = -857378,64 

1178.9 M0   = -745330c 14 

M0   = - 632 in-Lb 

Wx - (188.75)(-632.0) = 112048,5 

Wj = 7241.5 1b 

v-.1^      -(7241.5)(a287)3   _   170.9xl0~6      , Qflvin-6 
0   L1      (3)(29o5xl06)(.360) 31.86 

0=    i EJ?,      7241,5(„287)2 593.89xlQ-6 QR        6 
2  E1       (2)(29.5xl0b)(.360)   =       21.24        S'7,WX1U 

y = . 00000536 inch  ^ 
V due to Wx 

<j) = .00002796 rad 

II   Mo^            632    (.082)            51.82xl0"6    „   w    ,„_« 
y = 5   "FT- = ^~— = = 2.44x10 d, 

* (2)(29.5xl06)(.36) 21.24 

<h „     632 (.287)       =    181.38    = .944 x 10-6 rad 
1      9Q eivinb/  OR\ loo v ino 

due to 

29.5xl06(.36)        192 x 10- 

Deflection and rotation of blade tip: 

I Total y   = .0536xl0"4 + „0244xKT4 = .780x10-5 in. 

<(>! = .2796xl0"4+ c0944xl0"5 = „289xl0"4 rad 

unlade ■ I" " Ä   -   % - ^     ™ 
rr         = lg32+7241.5 (.287)].3     2710.3(.3) _ ,,,.,,     .    RmT 
°Bladp       ^60 " ~ 360 22&8_B^    K°OT 

The following analysis calculates the stress in the shroud 
assuming a ring of equally spaced radial supports (Reference 6.4.4) 
(sec Section 6,4.1). 
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| bP - 2'Ef    siN"2e   |_45      315+14;i75__ 

+  PR       _I_      r© j. SIK8C0S©-! 
J 2EA   SI.N2 0   L 2"1" 2~ J 

1 SIN 6   - »034899, SING2 = «0012179 

1 2  in rad = . 034907 rad 

I R   =  12.144in        R2 =  147.477 m2        R3 = 1790.961in3 

E   - 29.5X 106 psi 

I    = . 07 in4 

e2 = „001218499 rad 

e3 = . 0042537 xlO"2 rad 

04 = „00148484 xlO"3 rad 

e5 = .00518 xlO"5 rad 

e6 = .00284439 x 10'6 rad 

e7 = .0099 x 10 "8 rad 

s    =P( 1470531 2) r 01151 xl0-7j +    iSmM    [.03489] 
P       4.13 xlO6     L 19.47xl06 

| Sp = p>00^10"6
tI<i7,87jxl0-6 

ISn = P(. 00409) x 10"6 f P(17.87) x 10"6/ 
P /      where Sp = .0397 in 

let     S    - .0397 = P(17.87) x 10'6 / for Condition #2 

| <TS = 33.695 x 2221.6 = 74856.81 psi 

Maximum stress in shroud at operating condition. 
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7.4.2  Turbine Disk Stress Analysis 

For the purpose of the analysis the disk was divided into a large 
number of parallel-sided rings and the Gramnel method applied (Refer- 
ence 7.4.1)    Figure 6.3.2 shows the number and thickness of rings, 
assumed for the stress analysis.   It is necessary to assume that the por- 
tion of the disk beyond the blade roots are not capable of carrying tangen- 
tial stress,   The blades are considered to be dead load and the disk is 
also required to retain the shroud, which is assumed to be a ring being 
restrained by the disk. 

The equilibrium forces on an element of the disk are: 

I 

r+d 

r   = Radial distance of a point from the axis, in. 

v    = Thickness of the disk element at the distance r, in. 

<5"r - Radial stress, psi 

<5t  - Tangential stress, psi 

/A  - "^g    =    density of the material of the disk, lb/in"* 

W - Angular velocity of rotation, rad/sec 

V = Poisson's ratio, 0.3 for steel 

oC = Coefficient of linear expansion, in/in/ F 
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dr = Increment in the radius, in« 

dv = Increment in the thickness, in. 

dF = Centrifugal force on the mass, lb 

I dT = Tangential force, lb 

I 

I 

I 

dR = Radial forcr on the inner surface    dR' = outer surface 

dör = Change in radial stress due to change in radius 

Derivation of the relation: 

I Volume of the disk element 

B dV = vrd<f>dr 

i 
and the mass 

| dm  = /»dV = M yrd<j)dr 

centrifugal force due to rotation on this mass, I 
| = /Uyr2u;2d4>dr 

2 
dF   = dmrw 

I Forces acting on the sides of the element because of 
tangential stress 6\. 

dT   = ydrtft 

Radial force on the inner face surface due to 

* dR  = yrd^dV 

and the similar force on the outer face surface 

dR' - (y + dv) (r + dr) (<5Y + dor) d<f) 

where dy and dr are used algebraically. 

For equilibrium of forces, we have 

dR' - dR - dTd$ + dF - 0 

r> 
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From above 

dR* - dR = (yr + ydr + rdy + dydr) (6r + d(Sr) d<t>  - yr 6Vd<|) 

Simplifying and neglecting the terms of higher order, 

dR' - dR = dCjXytfrdr + röpdy + yrdör) 

- d(yr6*r) d(|) 

d(yrör) d(J)- yo^drd(t> +/><yr2oJ d(|)dr ~ 0 

Simplifying and rearranging, 

This equation will be combined with the fundamental law of 
elasticity and relations for stresses due to thermal gradient. 

With the operation condition and material specified, the effect of 
thermal gradient on the disk can be. determined and superimposed on the 
elastic stresses. 

Assuming a parallel sided solid disk, the following rigorous 
expression is used (Reference 7. 4.1) 

*"' ^E (bVTtrdr - i4°lrrir) 
6"t  = oCE [ -t + -1  /    trdr + -1- /     trdr J 

V        bVo r2/o ' 

where  oC = Coefficient of thermal expansion in/in/°F 

E  = Modulus of elasticity - psi 

b   = Radius at rim, in. 

It is necessary that the temperature  t   be written as a function 
of radius r    so that  trdr  can be integrated     For this case 
t' - T + Arn    and from Figure 6.4.5   t'  -  180 + 3.67 x r1- 59 

where    T    is temperature of disk at zero thermal stress level (at disk 
center). 
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7.4.3   Casitig C alculdüons 

The following assumptions were made in order that a solution could 
be achieved using presently available mathpmatical theory. 

1. The casing can be treated as a thin shell of revolution 
loaded symmetrically about its axis. 

2. The deformations are small and the elastic material properties 
are homogeneous and isentropic with no plastic deformations 
to be considered. 

3c The casing is pressurised by a uniform hydrostatic pressure 
with the shaft holes closed, which approximates the situation 
that would be experienced in a normal hydrostatic test of the 
casing. 

Based on these assumptions, the philosophy of the analysis is to 
analyze the turbine casing by treating it as a shell of revolution under 
internal pressure, using the general theory and notes presented in 
Reference 7.4.1.   The basic procedure involves dividing the casing into 
sections;  flat end plates, short cylindrical shells, and rings.   Pressur- 
izing each of these sections separately produces differences in their 
edge deflections and rotations which, when the casing is put together, 
must be brought into equality.   To produce this equality requires the 
application of edge shear forces and edge moments which give rise to 
discontinuity stress at thp junctures.   Once these edge forces and moments 
on each section arc known, the stresses, strains, and deflections within 
the sections can be computed. 

7.4.3.1    Inlet Casing Stress Calculations 

For the stress analysis of the inlet side of the casing it is 
necessary to assume the model shown below constructed of a cylinder 
and a circular flat plate.   The equations defined in Section 6.4.3 provide 
the deflection and rotation and are solved simultaneously for the dis- 
continuity force shown in Section 6. 4. T. 1. 

11 where 

27 DIA 

-H      H*— T 

T I 21 
Bd = yi2(.9n V -375 

Bd --   1,819(8.48) - 15.4 

t _ 3 
8 

d = 72 
t 

T 5 
8 ä = 42.5 

T 

A --- .3 T  5/8 
T " 3/8 

p - 140 

Bd - 15.4 (Bd)2 = 237t 
B -- 571 
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i 

a, = x = -3(1-//)^  = -3(.7)(42.5) = -89.25 

dg = 2(1 -/*) = 1.4 

a3 = A(l -#)<*  ,|_(.7)(42.5) = 2.79 

b    = 6(1 -M) d d    =  6(.7) 72(42.5) = 54<3 

' l       (Bd)2     t T 237 

*        (Bd)2       t 237 

. 3_£. 7) (72)42^5 RQ_ 
b3 "   "      16 (237)        " " 1,by,i 

T/2-/U\      -1.66(1.7) ,„ 
a4 =   "T \~37 = 8 = " *353 

a5 =  " \  T (Bd)2 = ~ \ (L66) (237) = " 197' 

II    T 1 
a6 = - 2   f (Bd) - - | (1.66) (15.4) = - 12.79 

b4 = 0 

b5 = -lj\   (Bd) = - (1.66)2(15.4) = -42.49 
2 

Mo Qo M0 Qo 
0  a,- +        aR + a^i =      o ai + a? + a<* 

Pd2    5    Pd   6      4     Pd2   1     Pd    ^      6 

Mo Q Mo Qo 
} PT21"197^^1-12-79^-353^^^89-25)^^4)-2-79 

M0 Q Mn Q 
p^2 M2.49) +~(-1.379) = ^2 <54-3> + pj ("-638) " !'693 

Pd- -   378 

M0 
—% =  .02048 
Pd2 
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■cj = 1 + 2Bd( 
Pd / 

+ 12 fi* 

Mo 

Pd2 

*cj = 1 + 2(15.4) (-.378) (.164) + 3.6    27 

.375 
.02048 

A = n^o       „i  -02048 (    , 
BQ0 

= -571   -.378   (27) = -'836 

Vr 1 - 1.91 + 5.31 
"cj- 

6.22 

The casing end plate is assumed to share the pressure load equally 
with the ribs, therefore the pressure used to calculate the discontinuity 
stress is one-half of the design pressure or 125.3/2 psi. 

then     ¥$ = !25_d*     (27)     =    2275 psi 
2t 2       .750(27 

<Tci = IC|(2275) = 14050 psi 

Qo 
ISj   = 3 Pd = 3(.378) - 1.133 

Osj   = 2275 (1.133) = 2563 psi 

I   .   =1,10   2? aJ      2 + 127375 
02048 = .5+ 1.77 =  18.2 

craj   =  18.2(2275) = 41,125. psi 
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7.4„3„2    Exit Casing Stress Calculations 

The calculations for stress and deflection in the exit casing 
require the analysis of two specific areas.   One, the ribs, are designed 
to assume one-half the pressure force and the end plate is assumed to 
withstand one-half of the pressure force.   This is accomplished by design- 
ing the fixed-fixed ribs and the fixed-fixed blade such that they each have 
the same deflection under the same force.   Two, the end plate is analyzed 
as a composite structure using the vanes to retain the continuity. 

Total load on one beam 

Force = AP(area) = 125„3(?/R2) =  125.3Tf(13„75)2 

Force = 74376.2 lb 

Force       74376.2   =   m4 lb 

2 
Rib 

Deflection of fixed-fixed beam is   y = ^T 

W, 

at x = 9,375 
24    EL 

2£x-£2-x2 

8264 (xz) v - -1-    \_   CMBJ';AA,' ~]   (2(27.5)x - 27.52 - x2 

)J   V 24
    \j56xl06"(1.16)(27,5). 

V = .030 in. 

The deflection ot the circular plate of 20 inch diameter and 
5/8 inch thickness is „032 inch.   The deflection of plate and ribs is 
approximately equal, making the assumption of each carrying 50% of 
the pressure load valid. 

The next step is to calculate the deflection in the composite 
structure shown in Figure 7,4.1.   The equation for Yj & Y3, when 
solved simultaneouslv, provides the bending moment MQ at the inter- 
face. 

r I Wo+w. 
w. Lo-M J       o 

9 Rn - 2R<  +■ 

2R2R1 

_2I 
411 

Bending moment 

M. R^Rj/ ' mo 
(R2+Rl) 

47TE 

IT 

M 

2.5   i\n 

f2\ 
= (W1 

W2\   L; 

2   + L 
EJ 

2 '1] 
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0-CENTER  PLATE 1 

v. 

— is 

®-FLANGE 

*W,+ VV^ 

-t3  =   EQUIVALENT       THICKNESS 
OF     FLANGE SUPPORT 

FIGURE      7.4. 
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The maximum stress for the vanes 

G^T = _^p_ where    J = NT 

N = Number of vanes 

I    = Moment of inertia of one vane 

(from Figure 7.4,1) 

Diameter, in. Force 

D2 - 23.50 Wx = 20667. lb 

Dx =   8.00 

Dg = 24.50 

D2 = 23o50 

D4 = 30.00 

D3 = 24.50 

W9 = 2034. lb 

W3 = 50825.0 1b 

L0 = 

L„ = 

v3 

Yo = 

30.0 - 23.50 = 3.25 in 

24.5 - 23.50 = .50 m 

.844 

3„38 
I   = Iy + Ix = 4.224 m* 

[(2034+
2
508-2-5

+20667)3.25-Mo' 15 
2TT26xl06 

'     1T 2 
4(.844) + TT 

2.5 1  V 
3.38 + .844J 

Y3 -   [85897.5 - MQ"].36 

Yl =   [6889(9.72) + M^  .048   [2.336+ 1.90] 
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I Mn = ^20667 + ^) ^i + 26x106(5.942 (~30923-.36M -13593. 203hQ 0     V 3   /   2 (.50) L o oJ 

I 
I 

M0 = 30607.4 in-lb 
Mo        30607.4      ..„.    .. ■ = 3400 m-lb Blade 9 

. 3400 (.750)       1ÄQ__     . 
°MAX in vane =       .156 =  16350 pS1 

AR       Mt^-jj)   /^ 5    \ 
4TTE [2^      2Ipi ; 

&R. = 97568.4 (ll-^-lB)   rjT_ + ±*S\ 
4  (26 x 106)   L. 336(2)     233.8 J 

AR. = .01708 inch 

" 
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7  5      ANALYTICAL METHODS 

The fundamental analytical problems are- 

1„       determining steady-state fluid film forces and moments 

2        establishing dynamic response of sector considering 
fluid film and other applied forces. 

To obtain the fluid-film characteristics requires solution of the time-depen- 
dem, compressible lubrication equation.   This is a non-linear, second order 
differential equation with variable coefficients.   In order to solve this equa- 
tion, F1RL has utilized numerical techniques applied to the digital computer. 
The computerized analysis not only provides the most practical means for 
solving the equation, but allows considerable generality so that a wide variety 
of practical problems can be handled with a single program.   The program 
descriptions are presented in Section 7. 5. 7     Following is the basic theory 
used for developing the computer programs. 

7.5. i    p^APi^iiiy.^^ 

1 A general thrust pad configuration for which the program was de- 
signed consists of multiple Rayleigh steps, with the option of including ori- 
Ifice fed recesses in the land region.   The step may be bounded circumfer- 
entially as well as radially to inhibit side leakage and increase load capa- 
city. 

7.5.2      Pressure Distribution 

For isothermal films, the compressible Reynolds' equation in polar 
coordinates is 

JL_/VL
3
1P)+ 1 1 /ph3 ftp). 6r, a(phUi2r^(p^      c7-5"1) 

By changing the independent variable and non-dimensionalizing, the 
' following equation results- 

Q/RH
3
 aqV   l   -a  /H

3
    aoA   A ß    /^H    H   dQ) 

I m -?- TR r n wl ~r- w)  AR arj- (^ je  ^- j$ J 

I , r7^H +   H   ^Q (7.5-2) 

The choice of the independent variable Q = p2 rather than the 
usual p^H2 is selected because it is a more convenient variable at the Ray- 
leigh step    Also note that T is non-dimensionalized with respect to an ar- 
bitrary speed no j rather than the shaft speed, to , so that hydrostatic per- 
formance at zero speed could h» determined without introducing singu- 
larities in the analysis 
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To solve for Q at the step, the continuity equation is applied about a 
unit grid sector surrounding each internal grid point along the step.   The re- 
sulting equation becomes: 

/ \ 

r( 
2Q  JH + ÜÜHti £Q RdRde+^-Z-i 3.QI    R.   (H„

3
+ H, 

-^a H, 
2R  ae 

+ X _co 
CO 

dR %  R 
1 VQ 

H+ -H. (7.5-3) 

The minus sign refers to conditions on the upstream side of the 
step, and the plus sign refers to conditions on the downstream side.   A 
similar equation can be obtained for a step parallel to a circumferential 
line. 

When expanding (7. 5-2) and (7. 5-3) in finite difference, both equa- 
tions can be put into the same general matrix form, namely, 

[c^{Qj}+[DKQj-i}+[EJ{Q^i) =^' 
j= 1,N 

The coefficients [Cj] ,   [D.1 , and  JE- 

(7.5-4) 

depend upon whether the 
grid point is at a boundary, step, or normal field point. 

For interior points, the    C,|  matrix is tri-diagonal and Ip. 

and  |E-J   are diagonal.   The non-linearities occur because the coefficient 
matrices and the right hand side vector are functions of the SJQ~ 

The boundary conditions are satisfied by manipulation of the co- 
efficients and the right hand fide of equation (7. 5-3). Thus, for ambient 
pressures un the boundary: 

[D]  ■   [E]   ■ 0 

and Cjk   - 5^ (kronocher delta; 

The coelticient matrices of equation (7 5-4) are also functions 
of the clearance distributions. 

It is noted that the time-tiansient Reynolds equation is applied. 
When solving a steady-state problem, the solution is a diffusion  process 
(eliminating the equations of motion; that progresses in time until desired 
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convergence be'ween successive iterations is achieved, 

When solving a dynamics problem, a transient scheme as subse- 
quently described is utilized.   The column matrix solution of equation (7o 5-4) 
proceeds as follows: 

Let {Qj.ij   -[AJKQJWBJ} 

j = N»2 

Substituting (7 5-5) into (7. 5-4) and solving for {Qj} produces 

-1 M M 

(7. 5-5) 

fQ,J  ■ 

M-'[MW-t'i]] (7.5-6) 

where 

M'H+MM 
Comparing equations (7. 5-5) and (7 5-6) 

[A1+1]. -[T]-«pg 

Nofe from the boundary conditions {Q]j   =  \l} which implies that 

[A2J -   o, {B2} - 1 

(7.5-7) 

(7.5-8) 

Equation (7. 5-8) is the starting poin» for the recursion relation of equation 
(7.5-7), and subsequent formation of the matrices  [A]   and   \ß\  . 

For each time step, the non-linearity introduced by the parameter 
VQ in the coefficient matrices and right hand side is removed by computing 
its value from the previous iteration, and then solving the resultant linear 
equation 

7.5 3      Film Thickness 

In order to evaluate the coefficients of equation (7. 5-4)   the film 
thickness distribution mu^t be determined from 

H • I+Zs - AXR sinö - AyR cos0- Zb - ^R sin@+ByR cosQ (7.5-9) 

When inside the stepped region, the step height is added, and when 
considering an opposed pair,the opposed bearing film thickness is obtained 
bv subtracting H from the 'otal axial clearance. 
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7. 5 4      Hydrostatic and Hybrid Analysis 

The efiects oi external pressure are handled by separate means 
i depending on whether the recess can be considered a small source or not. 

If the recess is not a source and extends beyond the boundaries of one grid 
sector, the continuity equation can be applied to a closed path surrounding 

gi the recess.    The resulting equation for the recess pressure becomes 

I dTJ  =    XHjJV   "   Hr ~df    Pr   ■   H^c/A    3T*   (PH)   ^^ 1Q) 

I 

I 

I 

I 

* 

where the integral is taken over A, the area between the recess and the 
flow boundary 

where 
F„ = OFC < (X)

2/«' ux«-l/« 1/2 
(7.5-11) 

if Pr/Psis less *han critical, the ratio is set equal to the critical for 
determining mass flow. 

I 'L=   /4P   I   ** -/H3PR ||   d6  + Xu_ HPRdR 
(7.5-12) 

The integrals in equation (7  5-12) are taken along the selected 
closed path surrounding the recess.    The procedure for obtaining a solu- 

I tion to equation (7 5-20) is to determine all quantities on the right hand 
side at the curren» time step and solve for the new recess pressures P„. 
This approach does not solve the recess and field point pressures con- 

| currently but at s ^cessive time intervals.   If the recess is small, the 
pressure response can be very large unless very small time increments 

I are chosen.   When solving a steady-state problem, a small time step is 
not of serious consequence, but for a dynamic situation a small time step 
multiplies the number of solutions exorbitantly and this approach becomes 
impractical. 

The solution to the problem posed by a source recess uses a 
scheme that solves for the recess and surrounding pressures simultan- 
eously.    By approximating the orifice flow FQ by 

Fo-fmaxf1 "   Wl^^l] (^-5-13) 

where Pr is lrom the previous f ne instant, the equation is thus linear 
in Qand the expression (7. 5-10i ('with dependent variable changed to Qr) 
can now be put into a normal grid point format (equation 7. 5-4) permit- 
ting simultaneous solution.    This approach requires single grid point 
representation oi the source, and an increase in the coefficient of dis- 
charge of the orifice to correct for the approximation imposed by 
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equation (7. 5-13). 

7. 5 5      Bearing Forces and Moments 

Solution of the Reynolds'   equation for »hp pressure distribution 
immediately permi's solu'ion of the fluid film forces and moments. 

/I T (P-l)   Rd£dR 

/ ri/ro '° 

(7.5-14) 

M^ 
A        ,r 

(P-l)   R2   sinöd&dR (7.5-15) 

My 
/I 

(P-l)   R2 cos0 dftlR 

Vro '° 

(7.5-16) 

The effect of the viscous drag on the shaft is evaluated from 

Mf = 

r./r )o 
1     o 

--  ä?-    RdfitiR 4 2L«*/ 
2    96 6WJ I r./r 

]    o 

/rR3 

H 
d6tiR   (7. 5-17) 

The above equa'ions are for one pad    When multiple pads are 
considered, each pad is handled separately and the results consecutively 
added 

7.5 6      Dynamics 

As shown on Figure 6. 5. 10, the sector has two primary degrees 
of freedom.   These are (1) axial motions (in z direction), (2) angular 
motions about the y axis    With the assumption   of small displacements, 
the resulting non-dimensional dynamic equations are: 

z   = 1 

<* 
Tj + W ae 

L                              -1 

Y -- L 
K 

N 1     -r°." y     c 

(7.5-18) 

(7.5-19) 

In addition to the usual dynamic movements of the sector,  the 
hydrostatic secondary seals must be examined for pneumatic hammer. 
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By treating a thrust sector of large radii, with unitorm clearance, the 
cylindrical, hydrostatic se< ondary seal is approximated and equation (7. 5-18) 
with the addition of sector weight can be applied 

-   1 
Mc 

[Tf+Wae + Ws] (7. 5-20) 

7. 5.7 

follows: 

Solution Procedure 

The general solution procedure for the steady-state analysis is as 

1. Read input quantities (geometry,X. initial tilts, etc.). 

2. Compu'e film thickness (equation 7 5-9). 

3. Initialize Q throughout the grid (Q = 1). 

4. Subdivide time into finite increments and for each 
time increment 

a. Form coefficient matrices [cj,   [b~] and [jSJ 
of equation (7. 5-4). 

b. Form matrices  [X]and[B] .(equations  7.5-7 
and  7  5-8) 

c 

d 

Compute Qs and^    (equation  7.5-5). 

Test to see if newly computed Q s are same as 
previous time step.   If not, increment time step 
and with new^ go back to (a) and continue.   If 
new and old Q's are identical within specified 
truncation go to (5) 

5.     Compute loads, moments, flows and viscous friction. 

The dynamics are handled similarly, except after each time step, 
Z s and Y   are computed from equations (7. 5-18), (7. 5-19), and (7. 5-20). 
Then 

Z„ it+At) = Z    (t+At)At t2Q (t) (7.5-21) 

and Zs (t+4t) = Z   (t+At)At -f Zs (t) 

and similarly for Y (t+A» i 

(7. 5-22) 
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The new displacements are then inserted into the film thickness 
expression for the next time increment,   The process continues and the net 
results are displacements, flows, loads, etc .  as a Junction of time 

7  5 8      Program Descriptions 

This section describes the computer programs used jn the analysis. 
Slight modifications were made to accomodate the particular problems 
associated with the sector seals 
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THE FRANKLIN INSTITUTE EESEAMCH LABOMATOMES 

Center for Computer Aided Analysis 
Program Description 

7.5.8.1    BEARING AND SEAL SVSTEMS 

PROGRAM: 
GSTS,   GAS   LUBRICATED   SECTORED   THRUST 
BEARINGS, STEADY STATE 
PROGRAM NO. 32-19 

PURPOSE: 

To determine steady-state performance characteristics of 
gas lubricated sectored thrust bearings of various 
configurations. 

APPLICATIONS: 

Gas and air compressors, gas circulators, aerospace 
Brayton-cycle turbomachinery, cryogenic compressors 
and turboexpanders, machine tool spindles and 
slideways, pneumatic tools, instrument bearings, 
gyroscopes, textile spindles, gas turbines. 

CAPABILITIES: 

Sectored thrust paus, (polar coordinates) 
Rayleigh steps in either direction 
Hydrostatic, hybrid or hydrodynamic mode 
Crown profiles: cylindrical, parabolic, spherical 
Pivoted pads 
Straight sliders 
Orifice compensated recess, 1 per sector 
Deformation 
Misalignment 
Up to 12 sectors per bearing 
Dimensional or dimensionless input/output 

METHOD: 

The bearing is subdivided into a »rid of finite spacing 
and Reynolds' equation is solved at the interior points 
In the column-matrix inversion''' method until the 
[iiessuro satisfies an externally specified truncation 
constant. I or externall) pressurized hearings continuity 
ol flow through the restrictor and bearing film is 
simultaneously satisfied along with the Reynolds' 
equation loi the interior points. 

INPUT/OUTPUT 

Input 
Geometry 
Type of bearing 
Deformation* 
Time step 
Compressibility parameter 
Misalignment 
Origin of misalignment 
Number of pads 
External supply conditions* 
Orifice size 

Output 

Individual pad forces 
Fluid film moments 
Friction moments 
Center of pressure 
Pivot film thickness 
Minimum film thickness 
Total forces 
Total moments 
Total friction moments 
Total flow 
Minimum film thickness 
Pressure distributions 

*If applicable 

SAMPLE PROBLEM: 

One of the many uses of the steady-state program 
was to generate design data for a crowned profile 
tiling-pad thrust bearing. Geometric parameters are 
shown on Figure 1. Figure 2 shows field map data of 
friction moment factor, and pivot film thickness as a 

ih "I ijuilihimin ("liajueteiivlies of Axial-Groove tiavl ubficated Bearings", V. C'astelli, J. Pirvics, Irans, of ASM!!, Journal of Lubrication 
Itelinulo;'). Vol. 89, Series I■', No. 2, April 1967. pp. 177   1%. 
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function of pivot position. The family parameters arc 
pad tilt and film thickenss C. This particular field map 
was done for a pad with a cylindrical profile. Figure 3 
shows the variation of load coefficient as a function of 
the compressibility parameter A. 

NOMENCLATURE: 

CL    
=   -   ..nsionless load coefficient = Vi/PaRi) 

F      =  fiiciioii iiiOiiieut factor =   —i-£— 
Par0

25 
min =  nunuliuni clearance, in. 

Mf    =   friction moments, in.-lbs 
p       = absolute gas viscosity,.!?".?" 

in.2 
w      =   shaft speed, rad/sec 

6Aia»R2 

A      =   compressibility parameter = pT2~ 

120 

10 0 

e.o 

«.o 

4 0 

20 

'  ' r " r T I 

r     ;                 j 

1   \\ K\ 
\oto\ 

- 1 vA 54L*QJ 
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i   1 \\ 

1     1 'Irc*"; 0~>\ 
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1             l 
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FIGURE 1      TILTING PAD THRUST BEARING 
GEOMETRY 

Ol        02       03       04       05       OS       07       OS 
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o     40     ao    leo    IM   200   240   2so   S20   MO 
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i 

FIGURE 2      TILTING PAD THRUST BEARING 
FIELD PLOT FOR CONSTANT 
CROWN HEIGHT AND VARYING 
FILM THICKNESS 

FIGURE 3      TILTING PAD THRUST BEARING- 
EFFECT OF VARYING COMPRESSIBILITY 
PARAMETER 



253 

II THE FRANKLIN INSTITUTE RESEARCH LABOMAX0 

Center for Computer-Aided Analysis 
Program Description 

7.5.8.2    BEARING AND SEAL SYSTEMS 

PROGRAM: 
GSTD,   GAS   LUBRICATED   SECTORED   THRUST 
BEARINGS, DYNAMIC 
PROGRAM NO. 32-20 

I 
I 
I 
I 
f 
I 
I 
I 
I 
I 
I 
I 

PURPOSE: 

To determine dynamic performance characteristics of 
gas lubricated sector pad thrust bearing configurations 
supported on a gimbal mount. 

APPLICATIONS: 

Gas and air compressors, gas circulators aerospace 
Brayton-cycle turboniachinery, cryogenic compressors 
and turbocxpanders, machine tool spindles and 
slide ways, pneumatic tools, instrument bearings, 
gyroscopes, textile spindles, gas turbines. 

CAPABILITIES: 

Five degrees of freedom produced as a function of time 
shaft axial translation (1) 
gimbal translations (2) 
gimbal rotations (2) 

Hydraulic parameters produced as a function of time 
Rayleigh steps in both directions 
Inclined slider 
Crown profiles, cylindrical, parabolic, spherical 
Orifice compensated recess, one per sector 
Hydrostatic, hybrid or hydrodynamic mode 
Opposed bearing pair or single surface 
Up to twelve pads 
Dimensionlcss or dimensional input/output 
Off center gimbal axes 
Case continuation 
Pin joint (friction) gimbals 
I laslic or Ilexure gimbal 

METHOD: 

I he time dependent lubrication equations are used to 
establish the healing pressure distribution from wlv'ii 
lluid film forces arid moments are obtained. These are 
inserted into the equations of motion governing 
movements of the shaft and gimbal system, and 
tepositiüji the components for the next time interval. If 
a hybrid bearing is employed the new recess pressures 
are determined by satisfying continuity through the 
lestrictor and bearing film. 

Large recesses as veil as multiple sources can be treated. 
The new film thickness distribution and recess pressures 
are used as the initial conditions for the next interval. 
The process is repeated until bounded cyclic motions arc 
evident, or instability is noted by exponential amplitude 
growth. The exciting force is misalignment of the tnrust 
collar. The programs can treat either pin type gimbal 
bearings, or flexure gimbal mounts. 

INPUT/OUTPUT 

Input 

Pad geometry and type 
Number of pads 
Number of time steps 
Value of time step 
Initial displacements 
Inertia and mass parameters 
Friction moment, if pin gimbal 
Torsional stiffness, if flexure ginibal 
Lubricant parameters 
External pressure system conditions 
Tlirust collar misalignment 

Output per time step 

Time step 
Shaft axial displacement 
Inner and outer gimbal axial displacements 
Inner and outer gimbal angular displacements 
Bearing (low 
Fluid film force 
Fluid film moments 
Minimum film thickness 

! 
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SAMPLE PROBLEM: 

Figure 1 shows a central axis ginibaJ mounted 
thrust bearing. There are nine Rayleigh step pads. Both 
the inner and outer gimbal axes are pin joints. Tiie case 
included friction in the joint and a misaligned thrust 
collar. Figure 2 shows the angular response ol the gimbal 
about the X axis. After initial transients are dissipated 
the gimbal oscillates at an exponentially increasing 
amplitude as time progresses. Consequently this system 
under the given operating conditions is unstable. The 
swashing frequency of once per'evolution is noted as an 
harmonic superimposed upon the natural frequency of 
the mount 

NOMENCLATURE: 

BX 

BY 

C 
ZB 

ZC 

ro 
0x,y 

non-dimensional bearing displacement 
about inner gimbal axis = ßxr0/C 
non-dimensional bearing displacement 
about outer gimbal axis = p\.r0/C 
reference film thickness, in. 
non-diniensionöl axial dispJacement 
of inner-bearing = displacement/C 
non-dimensional axial displacement 
of outer-bearing :- dispiccement/C 
outside bearing radius, in. 
angular displacement about x and y 
axis respectively, radians 

OUTER  GIMBAL  AXIS 

^"7>L  „ OUTER GIMBAL- 

FiGURE 1      STEP THRUST BEARING AND 
MOUNT 

s..J      i   «   "  •» 

9W!  ft*!W:AJ 

:IGURE 2      STEP THRUST BEARING PERFORMANCE- 
BEARING TILT VS. SHAFT REVOLUTIONS 
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7 5.9      Nomenclature 
2 

Aj t   orifice area, inheren' compensation, in. 

A0 =   orifice area, in 

A :   non-dimensional recess area = recess area / rG 

Ax ■   non-dimensional shaft angular displacement about x axis 

= angle     — 

A =   non-dimensional shaft angular displacement about y axis 
Y r 

i o -• angle     
c 

B =   non-dimensional sector displacement about x axis 

B r   non-dimensional sector displacement about y axis 
w y o 

C, - orifice coefficient of discharge 

c : reference clearance    in 

d = orifice diameter, inherent compensation, in 

dQ 
: orifice diameter, in 

FHPp - sector friction loss, HP 

FHPT - total seal friction loss. HP 

F, -   non-dimensional flow oi't of closed path surrounding recess 
12^fLR'er 

3    2 
c Pa 

F T    maximum non-dimensional orifice tlow 
12uf R'Q 

F, r    non-dimensional orifice flow -       ___." 
3„ 2 

1   P.i 



I 
I \r - flow out of closed path surrounding recess, lb-sec/in. 

I iQ = orifice flow,  lb-sec   in 

H : non-d;mensional film thickness = he 

I Hj. = non-dimensiondl recess lilm thickness = hr/c 

I h =    film thickness, in.  01 mils 
i 

h =    rec ess film thickness, 'n. 

Ix =   non-dimensional sector momen' of inertia about x axis 
ex;, 2 

.    _.   xhnoment of inertiaj 
4Paro 

I =   non-dimensional sector moment of inertia about y axis 

^l2 r ... i =     v -   x \moment ot inertiaf 

K =   axial film stillness,  lbs'in 

I M. =   non-dimensional viscous friction moment :    moment 

, Wo (- 

M r    no n-dimensional sector mass = _ _f x (sector mass) 
4par0

2 

Mx =   non-dimensional lhiid lilm righting moment about x axis 

Moment 

Paro3 

M =   non-dimensional lluid film righting moment about y axis 

Moment 

Paro3 

12^A0CdPg        2dR,0" 
OFC        =   orilic e flow coefficient •        ——      

c 3p„2 I'ot -1 ) 

P =   non-dimensional local pressuie = pressure pa 

P =   ambient pressure, psia 

256 
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PJJ - high pressure, psia 

PL = low pressure, psia 

Pr - non-dimensional ret ess pressure = recess pressuie/pa 

p = external supply pressure, psia 

PD = non-dimensional supply pressure = p0/pa 

p = local pressure, psia 

Q = dependent variable = p^ 

Q = How per pad or sector, lbs sec. 

Q = dependent variable in recess = p^ 

QT = total seal leakage, lbs/sec. 

R = non-dimensional radius = r/r0 

in? 
R' = universal gas constant,   —~— 

sec^-°R 

r = radius, in. 

r . = rddius to center ol pressure, in. 

r = inside radius ot bearing, in. 

rQ = outside radius of bearing, in. 

T = non-dimensional time =   tiUj/2 

T< = non-dimensional iluid film thrust force = «—   - Total lorce 
PaV 

t = time, set. 

Wae - non-dimensional aerodynamic  load = Load/parD 

W * pad load. lbs. 
i) 
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f Ws 
s   non-dimensional sector weight * weigh* pHr0^ 

I 
I 
I 
i 
i 
i 

X -   pressure ratio » pr Ps 

X a   non-dimensions! angular displacement about X  axis 

-ßxro/c 

Y -   non-dimensional angular displacement about Y axis 

= £yr0/c 

Zs =   non-dimensional sector axial displacement from equilibrium 

^^^•i ^      dispia< oment position -       '  - 

oC . ratio ot speci tic hv\a?s 

oCx = sector iingulai displacement about x axis, rad. 

§ oC
v - sector angular displacement about outer y axis, rad. 

• step heigh', in 

- angular grid coordinate, radians 

= absolute temperature.    R 

= angle to center oJ pressure, degrees 

- angular extent of sector, degrees 

6/iujr0
2 

= compressibility parameter =     „--■■ 
Pac 

= absolute viscosity, lb-sec in. ^ 

- angular «halt speed,  rad/sec 

- reference angular speed,  rad sec. 

1 A 
1 e 
1 8s 

I 0c n 

ep 

1 
X 

I 
M 

1 
OJ 

1 W, 

! 

( 

1 
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8 ° P^EDICTED PERFORMANCE 

The aerodynamic performance of the   LVF turbine, with design geo- 
metry and seal locations specified in Section 6.0, was predicted using 
efficiency relationships discussed in Section 3, 1.   Actual loss parameters 
such as seal leakage and friction were evaluated bv F1RL for the particular 
sealing configuration reported herein.   The turbine efficiency obtained by 
the methods indicated in Section 3.1 was modified by these parameters to 
provide a realistic estimate of operating turbine efficiency. 

The performance of the LVF turbine was evaluated under design and 
off design operating conditions and is reported in the following section. 
The predicted design point efficiency for the LVF turbine was 0.802.  This 
performance mav be compared favorably with the turbine efficiency pre- 
dicted for a conventional partial admission impulse turbine.   As indicated 
in Reference 5„ 1.1^ a conventional turbine operating at a specific speed 
of 17 has an efficiency potential of 0.72.   On this basis the performance 
potential of the L V F turbine offers a significant advantage over conven- 
tional turbines operating in this range of specific speed. 

8. 1 DESIGN POINT PERFORMANCE 

Turbine hydraulic efficiency- evaluated using Equation 3.1-16), for 
the design blade angles and velocity ratio, chosen for the  LVF turbine, 
is 0.8776.   The design rotor and Stator velocity coefficients used in this 
analysis tc define gas velocities through the turbine were evaluated to be 
0.96 at thp design point.   Data examined in Section 6.0 was used to verify 
this figure. 

The following table summarizes the seal leakage and friction loss 
evaluated for each sealing surface.   The friction loss parameters shown 
are expressed as a fraction of the total available energy, and as such, 
these losses are directly subtracted from the turbine hydraulic efficiency. 
Seal leakage is given as a fraction of the total flow rate and the correction 
on turbine efficiency was given in Section 3.1. 

SEAL LEAKAGE AND FRICTION 

Seal Locilion 
Individual 

Seal Leakage ^ 
Individual 

Seal Friction , ^SF 

Front. OD Seal .0106 00407 

From    ID Seal .0104 00516 

Rear - .00383 

Total .0210 .01306 
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Seal leakage is not shown for the rear s<al. as leakage here does 
not detract from turbine performance. 

The turbine disk frict-on was evaluated for räch of the four sections 
indicated in Sectic:-n 3  1.   This loss is reported in the following table in 
the same form as the seal friction loss above. and also is directly suhtrac- 
tive from turbine efficiency. 

Location Turbine Disk Friction  ^DF 

Turbine rotor rear 
Above rear seal 

Turl in* rotor rear 
Below rear seal 

Turt ire rotor front 

Turbine rotor OD 

.0336 

.0007 

,0018 

.0073 

Total .0434 

Using the turbine bvdraulic efficiency and loss parameters reported 
above, the actual turbine efficiency was evaluated to be 0.802.   This per- 
formance was predicted for the L VF  turbine configuration using data from 
tested no;"zl" and rotor blade designs and r<o advancements are required to 
achieve the predicted performance.   The total turbine flow rate necessary 
to produce an output pow« r of 425 HP was evaluated from the available 
energy and the above turbine efficiency as 4.32 lb/sec, resulting in a tur- 
bine  specific speed of 17.2   These values are well within the design goals 
established for the LVF turbine and the performance evaluation as given 
above for the design point was felt to be acceptable. 

8.2    OFF DESIGN PERFORMANCE 

The predicted off design performance of the LVF turbine is shown 
in Figure 8.1.1 asa function of turbine velocitv ratio.   Loss factors such as 
disk friction, seal friction and leakage were included in the performance 
evaluation.   Also included was the loss factor associated with the gas 
incidence angle.   The magnitude of the incidence angle was obtained bv 
the method indicated in Section "   1    and the loss coefficient was presented 
in S    tion 7. l.   The resulting turbine efficiency shown in the figure is the 
actual turbine ffficienev obtainable bv the LVF  turbine under various 
operating conditions. 
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VARIATION 
WITH 

OF    TURBINE    EFFICIENCY 
VELOCITY      RATIO 

1.0 

> 
o 
Z 
hi 

Ö 

u 

u 
z 
CO 
Of 

h 

.6 

.4- 

O 

^DESIGN! 
/v     POI NT 

o .2. 

VELOCITY RATIO, 

• 8 1.0 

u 

FIGURE    S.I.I 
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Turbine velocity ratio (U/C0) was chosen as the independent variable 
used to present the off design performance of the  L V F turbine.   For a 
given turbine dianuter, the turbine rotative speed will determine the tip 
speed U.   The isentropic spouting velocity C^ is determined by operating 
steam conditions and variation in design steam temperatures and pres- 
sures are felt in this parameter.   Therefore, the dimensionless velocity 
ratio allows the evaluation of the actual turbine efficiency during start up, 
when turbine speed has not reached design, or part load conditions when 
the inlet pressure and temperature may be significantly different than 
design.   Variations in turbine efficiency with pressure ratio is accounted 
for in Figure 8.1 J, since the spouting velocity is dependent on pressure 
ratio.   According to data presented in Reference 6.1.3, turbine blade 
efficiencies remain essentially constant with leaving Mach number below 
a mach number of one. and during this analysis the nozzle and rotor velocity 
coefficients were assumed constant at the indicated value of 0.96. 
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9. 0    ^COMMENDATIONS 

9. 1     GENERAL RECOMMENDATIONS 

1.     Further »hermal analysis should be made in the seal areas 
after the controlled-leakage seals are finalized by FIRL. 

2      Further thermal analysis should be made in the shroud 
area of the disk to determine in more detail the axial and 
radial temperature gradients and to determine if fins on 
the shroud are necessary. 

3, A design study and analysis should be made to determine 
the additional cooling water necessary to reduce the axial 
temperature gradients in the turbine housing. 

4, The thermal stress analysis of the disk should be updated 
with the information obtained from Recommendations 1, 
2, and 3. 

5. A proof of performance test should be conducted to demon- 
strate and substantiate the performance of the primary 
seal, secondary seal, and bearings, and to investigate the 
dynamic characteristics of the seal and rotor system before 
the construction of the LVF turbine. 

6. The testing of the LVF turbine test unit should include 
temperature measurements in the critical areas of tur- 
bine housing, bearing sections, and cooling water pass- 
ages, and measurements should be made of shaft, seal, 
and rotor response 

9.2     FIRL'S RECOMMENDATIONS 

I 1.    Since tlv seals' tracking capability is limited by the max- 
■ imum runout of the rotor, it is recommended that the 

rotor-bearing system be dynamically analyzed to establish 
i accurate rotor moations at the seal interlace.   This can 
* be accomplished by FIRL using time transient analyses 

similar to the ones described in Sections 6. 5. 1 and 7 5 
I of this report. 

2      Further effort is required to finalize the seal designs. 
| Included are the following. 

a.     determining if a hydrostatic and or hydro- 
dynamic 15 degree sector can accurately 
track the total runouts determined from 1. 
above 

* 
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b. including hydrodynamic backup for the hydrostatic 
seal to provide emergency reserve in case pressure 
is lost while the ro'.or is running 

c. establishing (he effect of lighter materials than steel 
(titanium and carbon) 

d. conducting further dynamic studies of the secondary 
seal to aid in preventing pneumatic hammer 

I e,     completing the designs of Seals 2 and 3. 
I 

3.    Because seals are critical to turbine performance, turbine 
(production should be deferred until seal performance has 

been substantiated 

J 4„    The principle of the seals should be qualified on simplified 
> test rigs,   For example, a simple sector can be produced 

and tested for establishing performance of the hydrostatic 
i secondary seal.   It will probably be necessary to produce 
I one complete seal for determining dynamic performance 

of the primary seal. 
i "    ' 
I 5.     Based on the combination of comprehensive analyses and 

qualification »esting the seal configurations should be final- 
I ized and produc ed 

6,     FIRL should actively participate on a continuing subcontract 
I basis to lend the necessary engineering support for further 

efforts related to seal development. 

I 
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10.0   DRAWINGS 

The preliminary design of the L V F turbine is presented in drawings 
entitled, "LVF Turbine Layout".   The layout consists of sheets one 
through four* 

Sheet one shows the full size cross-section of the Uirbine and an end 
projection viewed from the output shaft end. 

Sheet two shows the necessary views and sections defining the journal 
bearings, water injectors, and water inlets of the output end. 

Sheet three shows views and sections defining the journal and thrust 
bearing, water injectors, exhaust and seal housing, and left-hand end 
view of the turbine. 

Sheet four shows the developed section through the Stators and rotor 
nozzles, blade dimensions, and profiles. 

Sheet five shows the hydrostatic seal segment assembly. 
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12 0     APPENDIX 

12.1     STEADY-STATE PERFORMANCE OF THE RAYLE1GH-STEP 
PRIMARY SEAL 

Figures 12.1.1 and 12. 1. 2 show steady-state performance of the side- 
fed Rayleigh-Step seal as a function of the film thickness.   The information 
is for both of the seals on the high pressure side. Seals 1 and 2.   The slope 
of the load versus clearance curve is the fluid Ulm süifness.   Note that the 
stiffness is not exceptionally large for either seal at the normal 1 mil operat- 
ing condition.   The 12. 5 inch outside radius seal has relatively poor stiff- 
ness since the seal width is limited to 3/8 inch    The table below lists per- 
tinent steady-state performance. 

Seal Outside Radius, in, 
Seal Width, in. 
Sector Flow, lb/sec . 
Sector Load, lbs 
Sector Stiffness, lb/in. 
Viscous Power Loss, HP 
Operating Film Thickness, in. 

Figure 12 1  3 shows similar results for a 15 degree sector. 

12. 2     FLOW CALCULATION BETWEEN SEGMENTS 

Laminar Flow Through Slot 

f        -   li?L_   ZU2 - PL2 

L "     24 RT/i,        b 

952-J2^_  _h3_L 
(24711029:35) (890) [2743 YTF9)        b 

=      168.84 x 103 \~    (Pa = 2) 

Orifice Flow Through Slot 

SEAL   2 SEAL   1 
12.5 11.75 
0.375 0.50 
0. 0038 0.0037 

76 218.5 
5,000 10,000 

0.18 0.19 
0.001 0 001 

o h_L.Ch.Pjr_ -x/-2^Rr/ /p ,2/r 
RT V  y-\     \  (ie; r-i 1/2 

Cb ■      .8 

7 --      1.315 

T -      430ut 460° • 890°R 

f- =2.43 x 10"9 lb-sec  in2 
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SIDE -FED      RAYLEIGH-STEP     SECTORED 
SEAL       STEADY- STATE       PERFORMANCE 

30°  PAD 

r0-r.L = .5   IM. 

r0=ll.875   IN. 

PA ~  2.0   ^SIA 

N = 12000    RPM 

OOT    240 
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£ -005 
CD 
J 

.004 

.003 
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U 
W    -0O2 
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.34 
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180- 
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CLEARANCE ,     MILS 
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FIGURE    'Z.I.I 
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I SIDE-FED      RAYLEIGH- STEP      SECTORED71 

SEAL     STEADY-STATE       PERFORMANCE 

I 
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■0061- 110 

.005 

o 
UJ 
CO 

if) 
A)   .004 
J 

h IOO 

<i 

0 
J 
u 

0 
h 
Ü 
UJ 
10 

.003 

.002 

.001 

30°   PAD 

r0-rL =.375   IN, 
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CLEARANCE ,  MILS 

:.4 

FIGURE     II. |. a 
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SIDE-FED       RAYLEIGH- STEP      SECTORED 
SEAL.      STEADY-STATE       PERFORMANCE 

15°     PAD 
r0-rL = .5 IN. 

r0 = 11.875 IN. 
PA = 2.0 PSIA 

N = I20CO    RPM 

OQ6r220f 

.005 

O 
u 
w 

üT 
CD 
J 

r 
J 

3 

.004 

.003 

.002 

O 
h 
u 
ÜJ 
(f)   .001 

200 

O   L 100 
6 .8 1.0 

CLEARANCE,    MILS 

FIGURE     »2.1.3 



R 397,741 in2/sec2 

1.315 

Pc =    _(2/1.315)1,315// 315   -- . 543 
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hL (.8) (95)   -^ /   (2) (1.315) (397,741) (890) 
(397,7411(890)   V 1315-1.0 

2.0 
(543) 1  315 

._315_ 
1.315 

1/2 
1 - (. 543) 

47 x 10" 6 (54. 365 x 103) {(. 39505) (. 1361)] ^2 hL 21 

.0027 hL 

In Weight Units , fQ - (386.4) (. 0027) hL = 1. 0457 hL        (lbs/sec) 

Let 

and 

b 

h 

. 5 (Prima 

001 

ry Seal Width) 

L 

in. lb/ser lb/sec 

.5 
1 0 
1.5 

.000169 

.000338 
000506 

.000523 

.001046 

.001568 

Make gap size between segments h_ < . 001    Therefore laminar flow will 
be considered through the gap. 

12.3     DYNAMIC PLOTS 
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BN     SEAL       DYNAMIC      PERFORMANCE 
CASE       5,        ROTATION 
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BN-SEAL DYNAMIC PERFORMANCE AT DESIGN OPERATION, 
12-SEGMENT SIDE-FED STEP SEAL, CASE 9, TWO DEGREES 
OF FREEDOM, WHEEL X-NUTATION 
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BN-SEAL DYNAMIC PERFORMANCE AT DESIGN OPERATION, 
12-SEGMENT SIDE- FED STEP SEAL.  CASE 9, TWO DEGREES 
OF FREEDOM, WHEEL Y-NUTATION 
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BN-SEAL DYNAMIC PERFORMANCE AT DESIGN OPERATION, 
12-SEGMENT SIDE-FED STEP SEAL, CASE 9, TWO DEGREES 
OF FREEDOM, SEAL TRANSLATION 
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BN-SEAL DYNAMIC PERFORMANCE AT DESIGN OPERATION, 
12-SEGMENT SIDE-FED STEP SEAL, CASE 9, TWO DEGREES 
OF FREEDOM, SEAL Y-ROTATION 
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BN-SEAL DYNAMIC PERFORMANCE AT DESIGN OPERATION, 
12-SEGMENT SIDE-FED STEP SEAL, CASE 9, TWO DEGREES 
OF FREEDOM, SEAL LEAKAGE 
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BN-SEAL DYNAMIC PERFORMANCE AT DESIGN OPERATION, 
12-SEGMENT SIDE-FED STEP SEAL, CASE 9, TWO DEGREES 
OF FREEDOM, MINIMUM CLEARANCE 
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BN-SEAL DYNAMIC PERFORMANCE AT DESIGN OPERATION, 
12-SEGMENT SIDE-FED STEP SEAL, CASE 9 TWO DEGREES 
OF FREEDOM, FLUID FILM FORCE 
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BN-SEAL DYNAMIC PERFORMANCE AT DESIGN OPERATION. 
12-SEGMENT SIDE-FED STEP SEAL, CASE 9. TWO DEGREES 
OF FREEDOM, SEAL Y-MOMENT 
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12. 4     FORCE BALANCE AND INERTIA COMPUTATIONS 

Geometry 

GS 

r - ii.rs   IN. 

99.4906   LB. 

*— —— r a II, 5134   IM, 

r= 11.2,5  IN. 

H 

°-Vi 
d = .6620  IN. 

j 1.425    IN. 
FSB = 386.66  LB. 

m 
Fc,=4.5    L8 

45.53T    LB. 

r sä. | l . 54-9 3   (DISTANCE 
TO      CENTER    OF 
PRESSURE) 

ri = 11.4131    IN. 

r = II. 5421      IN. 

PJJ        -      95 psia 

FGS      =      l#/in   r 0p  = (l#/in.) (11.75 in.) (.2618 rad.) - 3. 07G1 Ib. 

Vertical Load 

(PH - Pa) Area + Fg =   99. 4906 

Area - (r0
2 - q2) ^~ 

r0 = 11.75 in. 

eo = 15° = . 2616 rad. 

(95-2) 11.752 - i-j2 
2fil R 
~—   +  4.5   = 99.4906 
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ii  n<z9        9     (94.9906)  2 
li. 7 5* -H2

 = i^mymr 

rj2     =   138.0625 - 7.80294 

rj2     =   130.25956 

r-j       =   11.41313 in. 

Horizontal Load 

(PH - Pa) Area + FGS = FSB+45. 537 

Area = r0  Qp L ■ (11.75) (.2618) (1. 5) = 4. 6142 

(95-2) 4. 61     +3. 0761 - 45. 537 * FgB 

(429,123) 

F„    =386. 66 lbs. 
SB 

Center of Pressure 

2    sin (9p/2) 
3 9p72 

LCL 
r"2" *o 

66667 130526 \ 
.1309    I 

11.75;* - 11.41313;* 
TT752"- 11.413132 

=   11. 5493 in. 

Center of Mass (Radial Direction) 

2 LTI   (r0?   - qf) + T2 (ro2 
Ui 3 [Tl   ('of   - Tip  + T2 (rQ* 

ri2). 
r-2) 

sin (gp/2) 

0 /2 
P 

T 

i 

Ol 

Jr^: 1.2 

rLi - ^02 



I 
I 
I 

66667 

=   .66476 

1. 5(11.7 53 - 11.41313) + .09375 (11. 41313 - 11.253) 
1.5(11.752"- ÜT41312)+.09375 [11.4131 * - 11.25^) 

203.3656+5. 8902 

303 

130526 
.1309 

11.7055+. 3465 

m 11. 5421 in. 

Moment Balance 

I 

2M0£)     =0 

- (3.0761) (.75) - (429.474) (.75) - 4 5(11.75 - 11.5421) 

- (94.9906) (11.75 - 11. 5493)+45. 537 (1.425) 

+ (99.4906) (11.75 - 11. 5134)4 386. 66 d = 0 

-255.983+386. 66 d = 0 

d = . 6620 in. 

Mass 

Weight 

Volume 

Inertia 

Weight 

Mass 

IYY 

Volume x Density 

Ti (rn? - r 2)  %   +  T9 (rJ    . r.2) %L 
1 v °1       !]      2 2    °2 12     2 

1.5(11.752 - 11.41312) (.1309)+(.09375) 

(11.41312 - 11. 252) (.1309) 

1.5776 in.3 

(1.5776) (.283) = .44646 1b 

(.44646) / (386.4) =   00115 lb-sec2/in. 

p ' 
4 i ^ 

T ̂    -         4 ** ~_9 t" -sin?P  1 
*      / 

* 

T1 <>.4 

.          °1 
4    ,         ,4          4. -'4>+vr„2 -v. 

.283 2618     sin .2618]     / -.2618 
4                4"     J     \       ~4 

sin-.26181 
4 4 

-   



I 

lYY 

lYY 

304 

1. 5 (11.754 - 11.41314) +.09375 (11.41314 - 11. 254) 

340589/386.4 

00088 lb-sec -in 
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